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Abstract 
This book deals with the development and testing of high-response piezo-servovalves for 
improved performance of electrohydraulic cylinder drives. Performance improvement 
means in the context of this work an enhancement of reference and disturbance response of 
the drive in a closed-loop pressure and position control. Reference and disturbance 
responses determine the precision of the drive which influences product quality and motion 
accuracy in stationary and mobile applications. 
This thesis shows by means of linearised mathematical models that the drive performance 
can be significantly improved by high dynamics of the control valve. The increase in valve 
dynamics can be achieved by the use of piezoelectric actuators, which outmatch the 
response of common electromechanical valve actuators. 
Within the scope of this work two different novel high-response piezo-servovalves are 
prototyped. These are four-way directional flow control valves with linear spools. The 
book presents different steps of the design and development process of the valves such as 
conceptual design, calculation, dimensioning, manufacturing, design of internal valve 
control, testing according to the internationally standardized procedures and comparison to 
the performance of common servovalves. The achieved dynamics of the piezo-servovalves 
surpasses the response of the conventional valves. Exemplary investigations of an 
electrohydraulic cylinder drive show an improved reference response of pressure control 
by 50% and an enhanced disturbance response of position control by 40% due to the use of 
the piezo-servovalve at the drive. 
This work demonstrates that the commercially available piezo-actuators can be successfully 
implemented in industrial hydraulic valves, bringing advantages for the overall drive 
performance. The high reliability and endurance of the piezo-actuators have already been 
proven by the use in common rail fuel injectors in the automobile industry since 2002. Taking 
into account falling costs of the actuators due to the mass production for the automobile 
industry they can become a very attractive alternative or supplement for hydraulic valve 
technology. 
Kurzfassung 
Die Arbeit befasst sich mit der Entwicklung und Erprobung hochdynamischer Piezo-
Servoventile zur Leistungssteigerung elektrohydraulischer Zylinderantriebe. Die 
Leistungssteigerung bedeutet im Kontext der Arbeit eine Verbesserung von Führungs- und 
Störverhalten des Zylinderantriebs in der Druck- und Lageregelung. Das Führungs- und 
Störverhalten eines Antriebs bestimmen seine Präzision, welche für die Qualität der 
Erzeugnisse bzw. Genauigkeit der auszuführenden Bewegung entscheidend ist. 
Anhand linearisierter mathematischer Modelle wird gezeigt, dass das Antriebsverhalten 
vorwiegend durch hohe Ventildynamik verbessert werden kann. Zur Steigerung der 
Ventildynamik wird piezoelektrischer Aktor herangezogen, dessen Zeitverhalten das 
Verhalten von konventionellen elektromechanischen Ventilaktoren deutlich übertrifft. 
Im Rahmen der Arbeit werden zwei Prototypen neuartiger hochdynamischer Piezo-
Servoventile entwickelt. Es handelt sich hierbei um 4/3-Wegeventile in 
Längsschieberausführung. Beide Entwicklungen umfassen Konzeptionierung, Berechnung, 
Dimensionierung, Konstruktion, Fertigung, Entwurf und Umsetzung ventilinterner 
Lageregelung, Erprobung im Versuch nach standardisierten Verfahren und 
Gegenüberstellung zu konventionellen Ventilen vergleichbarer Nenngröße. Die erzielte 
Ventildynamik übertrifft deutlich die Dynamik konventioneller Servoventile. Beispielhafte 
Untersuchungen an einem elektrohydraulischen Zylinderantrieb zeigen, dass durch den 
Einsatz der Piezo-Servoventile das Führungsverhalten der Druckregelung bzw. das 
Störverhalten der Lageregelung des Antriebs um ca. 50% bzw. 40% verbessert werden 
können. 
Die Arbeit zeigt, dass kommerziell verfügbare Piezo-Aktoren erfolgreich in den 
hydraulischen Industrieventilen zur Leistungssteigerung des Antriebs eingesetzt werden 
können. Die hohe Zuverlässigkeit und Lebensdauer dieser Aktoren wurde durch den 
Einsatz in Common-Rail-Einspritzsystemen in der Automobilindustrie seit 2002 bereits 
nachgewiesen. Durch die geringen Herstellungskosten der Massenfertigung stellen die Kfz-
Piezo-Aktoren eine attraktive Alternative für die industrielle hydraulische 
Servoventiltechnk dar. 
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Nomenclature 
A spool frontal area [ m2 ] 
AC area of contact surface [ m2 ] 
Acd piston area of cylinder drive [ m2 ] 
Ain passage area at valve inlet [ m2 ] 
Aout passage area at valve outlet [ m2 ] 
AP passage area of pilot valve [ m2 ] 
B orifice flow coefficient [ (m3/s)/(m 2N/m ) ] 
Cel. electrical capacitance of piezo-actuator [ F ] 
Ch hydraulic capacitance [ m3/(N/m2) ] 
Ch,PA hydraulic capacitance of chamber A [ m3/(N/m2) ] 
Ch,PB hydraulic capacitance of chamber B [ m3/(N/m2) ] 
C0 velocity gain of cylinder drive [ 1/s ] 
cpiezo stiffness of piezo-actuator [ N/m ] 
cspring stiffness of plate spring [ N/m ] 
ctotal stiffness of total dynamic system [ N/m ] 
Dcd damping ratio of cylinder [ - ] 
Dsleeve damping ratio of piezo-actuator attached to sleeve [ - ] 
Dspool damping ratio of linear force motor attached to spool [ - ] 
Dtotal damping ratio of total dynamic system [ - ] 
Dv damping ratio of valve [ - ] 
DmP plug diameter of pilot valve [ m ] 
Dmspool diameter of spool frontal area [ m ] 
dpiezo damping coefficient of piezo-actuator [ Ns/m ] 
dspring damping coefficient of plate spring [ Ns/m ] 
dtotal damping coefficient of total dynamic system [ Ns/m ] 
xd  damping coefficient of cylinder drive [ Ns/m ] 
E´ bulk modulus of oil and tubes [ N/m2 ] 
Fact. force of valve actuator [ N ] 
iv Nomenclature 
Fblocking blocking force of piezo-actuator [ N ] 
Fdist. disturbing force [ N ] 
Fflow flow force [ N ] 
Ffriction friction force [ N ] 
Ffriction,hydrodyn. hydrodynamic friction force [ N ] 
Fpiezo,exc. electrical excitation force of piezo-actuator [ N ] 
Fpiezo,damp. damping force of piezo-actuator [ N ] 
Fpiezo,spring spring force of piezo-actuator [ N ] 
Fspring spring force [ N ] 
Fsupport supporting force [ N ] 
f frequency, excitation frequency, operation frequency [ Hz ] 
fDcd damped natural frequency of cylinder drive [ Hz ] 
fcd natural frequency of cylinder drive [ Hz ] 
fv natural frequency of valve [ Hz ] 
f0 natural frequency [ Hz ] 
f0spool natural frequency of main stage spool [ Hz ] 
f0spring natural frequency of plate spring [ Hz ] 
Gdist. transfer function of disturbance response [ m/N ] 
Gref. transfer function of reference response [ - ] 
g gravitation constant [ m/s2 ] 
h position of pilot valve, opening of pilot stage [ m ] 
h0 
position amplitude of pilot valve, underlap of pilot 
stage [ m ] 
I momentum [ kgm/s ] 
IP actual actual current of piezo-amplifier [ A ] 
IP command command current of piezo-amplifier [ A ] 
IP max maximum current of piezo-amplifier [ A ] 
L drive stiffness [ N/m ] 
LRFflow stroke reduction of piezo-actuator due to Fflow [ m ] 
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LRFspring stroke reduction of piezo-actuator due to Fspring [ m ] 
L0 nominal stroke of piezo-actuator [ m ] 
l chamber length [ m ] 
Mact. torque of valve actuator [ Nm ] 
m mass [ kg ] 
madapt. adapter mass [ kg ] 
mball tip ball tip mass [ kg ] 
mpiezo mass of ceramics and head of piezo-actuator [ kg ] 
mpiezo,dyn. dynamic mass of ceramics and head of piezo-actuator [ kg ] 
msleeve sleeve mass [ kg ] 
mspool mass of main stage spool [ kg ] 
mspring mass of plate spring [ kg ] 
mspring,dyn. dynamic mass of plate spring [ kg ] 
mtotal mass of total dynamic system [ kg ] 
n normal vector, number of oscillations [ - ], [ - ] 
p pressure [ N/m2 ] 
pactual actual pressure in cylinder chamber [ N/m2 ] 
pA pressure in port A [ N/m2 ] 
pB pressure in port B [ N/m2 ] 
pcommand command pressure in cylinder chamber [ N/m2 ] 
pin pressure at valve inlet [ N/m2 ] 
pL load pressure difference [ N/m2 ] 
pout pressure at valve outlet [ N/m2 ] 
pP pressure in port P [ N/m2 ] 
pPA pilot pressure in chamber A [ N/m2 ] 
pPB pilot pressure in chamber B [ N/m2 ] 
pPL load pressure difference in pilot stage [ N/m2 ] 
pPmean mean pilot pressure [ N/m2 ] 
pT pressure in port T [ N/m2 ] 
vi Nomenclature 
p0 supply pressure [ N/m2 ] 
pactual actual pressure difference [ N/m2 ] 
pcommand command pressure difference [ N/m2 ] 
pnominal nominal pressure difference [ N/m2 ] 
Qdist. disturbing flow [ m3/s ] 
Qeff. effective flow [ m3/s ] 
Qnominal nominal flow rate [ m3/s ] 
QL load flow [ m3/s ] 
Qloss flow losses of valve [ m3/s ] 
QP flow through pilot valve [ m3/s ] 
QPA pilot flow to chamber A [ m3/s ] 
QPB pilot flow to chamber B [ m3/s ] 
QPL load flow of pilot stage [ m3/s ] 
QPmean mean pilot flow from supply to return line [ m3/s ] 
Qth. theoretical valve flow [ m3/s ] 
Q0 reference flow [ m3/s ] 
rh radius of pilot valve [ m ] 
T temperature, period of oscillation [ °C ], [ s ] 
t time [ s ] 
UP actual actual voltage of piezo-amplifier [ V ] 
UP command command voltage of piezo-amplifier [ V ] 
UP p-p peak-to-peak voltage of piezo-actuator [ V ] 
U voltage [ V ] 
V dead volume of half of pilot stage [ m3 ] 
VK open-loop gain [ - ], [ 1/s ] 
Vpy pressure-stroke gain [ (N/m2)/m ] 
VQh flow-stroke gain of pilot stage [ (m3/s)/m ] 
VQp flow-pressure gain [ (m3/s)/(N/m2) ] 
VQu flow-command voltage gain [ (m3/s)/V ] 
Nomenclature vii 
 
VQy flow-stroke gain [ (m3/s)/m ] 
VT transfer function [ - ] 
Vv stroke-command voltage gain [ m/V ] 
vin flow velocity at valve inlet [ m/s ] 
vout flow velocity at valve outlet [ m/s ] 
xactual actual position of cylinder drive [ m ] 
xcommand command position of cylinder drive [ m ] 
y position, opening of main stage [ m ] 
yLM actual actual position of linear force motor [ m ] 
yLM command command position of linear force motor [ m ] 
yP actual actual position of piezo-actuator [ m ] 
yP command command position of piezo-actuator [ m ] 
 position amplitude of main stage [ m ] 
Z radial clearance [ m ] 
z coordinate within radial clearance [ m ] 
   
   
D discharge coefficient [ - ] 
g,in angle of guide geometry at valve inlet [ degree ] 
in flow angle at valve inlet [ degree ] 
out flow angle at valve outlet [ degree ] 
 dynamic viscosity [ Ns/m2 ] 
T angular frequency ratio [ - ] 
 logarithmic decrement [ - ] 
 oil density [ kg/m3 ] 
 shear stress [ N/m2 ] 
	 angular frequency of excitation [ 1/s ] 

cd natural angular frequency of cylinder [ 1/s ] 
 
viii Nomenclature 

sleeve 
natural angular frequency of piezo-actuator attached to 
sleeve [ 1/s ] 

spool 
natural angular frequency of linear force motor attached 
to spool [ 1/s ] 

v natural angular frequency of valve [ 1/s ] 

0 natural angular frequency [ 1/s ] 
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Abbreviations 
APS absolute position sensor 
CAD computer aided design 
cf. confer = compare to 
CFD computational fluid dynamics 
DFG Deutsche Forschungsgemeinschaft 
e.g. exempli gratia = for example 
FFT fast Fourier transform 
i.e. id est = that is 
IFAS Institute for Fluid Power Drives and Controls 
ITSE integral of time multiplied squared error 
LVDT linear variable differential transformer 
n.s. not specified 
OEM original equipment manufacturer 
op operating point 
PTFE polytetrafluoroethylene 
PWM puls width modulation 
q.v. quod vide = also refer to 
RPS relative position sensor 
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Glossary 
Some terms and definitions, used in the context of this thesis, are given below. 
delay time See step response in Figure 3-20. 
disturbance 
response 
Behaviour of the controlled variable influenced by the disturbance 
variable. 
dynamic load 
stiffness Ratio of disturbing force to the resulting transient position error. 
dynamics Capability of the body to achieve certain values of acceleration and speed induced by driving forces. 
flow-pressure gain 
VQp 
Slope of load flow curve versus load pressure difference at a certain 
operating point of the valve. 
flow-stroke gain 
VQy 
Slope of load flow curve versus valve opening at a certain operating 
point of the valve. 
frequency response 
Behaviour of the controlled variable influenced by reference or 
disturbance variable at different frequencies; presented graphically as 
amplitude ratio and phase lag versus excitation frequency. 
hydraulic full 
bridge Two hydraulic half bridges connected in parallel for the flow. 
hydraulic half 
bridge 
Two hydraulic resistors connected in series for the flow. A change of 
resistance values results in the change of flow through the resistors 
and the change of pressure between the resistors. 
linear system 
System the behaviour of which obeys the principle of superposition. 
The latter implies that the time response of the system to several input 
functions is the same as the sum of their independent time responses. 
load flow QL 
Flow through a valve at a certain load pressure difference and valve 
opening. 
load pressure 
difference pL or pPL 
Pressure difference between control ports A and B of a four-way 
control valve or between two hydraulic half bridges of a pilot stage. 
natural frequency 
Characteristic frequency of an undamped mass-spring system at which 
it oscillates after a singular excitation. If the system is continuously 
excited at the frequency close to its natural frequency, the system 
performs very high amplitudes. This state is referred to as resonance. 
nominal flow rate 
Qnominal 
Flow through a valve at pressure difference of 35 bar across control 
edge, maximum valve opening and no load pressure difference. 
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non-linear system System the behaviour of which does not obey the principle of superposition (q.v. linear system). 
overshoot See step response in Figure 3-20. 
performance Level of dynamics and degree of accuracy of controlled variable. 
pressure-stroke 
gain Vpy 
Slope of load pressure difference curve versus valve opening at a 
certain operating point of the valve. 
reference response Behaviour of the controlled variable influenced by the reference variable. 
response time See step response in Figure 3-20. 
rise time See step response in Figure 3-20. 
static load stiffness Ratio of disturbing force to the resulting steady-state position error. 
steady-state error 
variable See step response in Figure 3-20. 
open-loop gain VK Product of all gains of the open-loop. 
valve operating 
point State of the valve at a certain opening and load pressure difference. 
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1 Introduction and objectives 
The performance of a drive in terms of dynamics and accuracy of the controlled variable 
(force or pressure, acceleration, velocity, position) can be characterised by its reference 
and disturbance response. Whereas the reference response describes how precise the 
controlled variable follows the command signal of the drive, its reaction to a disturbance 
(e.g. external load force) is characterised by the disturbance response. High performance 
drives should possess a fast and precise reference response as well as a high disturbance 
rejection. In case of position control, disturbance rejection is also referred to as dynamic 
load stiffness of the drive and is represented by the ratio of the external load force to a 
resulting transient position deviation of the drive. 
The scope of this work is limited to valve controlled electrohydraulic cylinder drives which 
are widely used in numerous applications. In general, a hydraulic cylinder drive converts 
hydraulic energy of a supply pump into mechanical energy of the drive piston by a 
controllable metering of hydraulic fluid through a valve. In closed-loop control the 
mechanical values of the drive are measured, converted into electrical signals and 
compared to the reference signals. The difference between the measured actual signal xactual 
and reference signal xreference is an error variable which is modified to a command signal of 
the valve ycommand by the controller. The valve meters the flow to the cylinder in such way 
that the error variable is compensated. Figure 1-1 presents an example for an 
electrohydraulic cylinder drive with a closed-loop position control. The diagrams show 
typical reference and disturbance step responses of the drive. 
 
Figure 1-1: Electrohydraulic cylinder drive in closed-loop position control 
2  1 Introduction and objectives 
One of the main shortcomings of electrohydraulic drives is a relatively low dynamic load 
stiffness due to compressibility of hydraulic fluid and internal leakages of drive and valve 
/Roth83/, /Dan94/, /Boe95/, /Vol01/, /Baum02/. Thus, sudden load variations can cause 
significant transient position deviations of the drive and, consequently, a reduced precision 
of the controlled process. This has recently led to a partial substitution of electrohydraulic 
drives by electromechanical drives in low power range applications (e.g. in machine tools). 
The electromechanical drive owes its stiffness to a mechanical transmission which is stiffer 
than the pressurised hydraulic fluid. However, wear and backlash of the mechanical 
transmission (e.g. between ball screw spindle and nut as well as in spindle bearings) 
mitigate these considerations. 
One of the main factors influencing the performance of hydraulic cylinder drives is the 
dynamics of the control valve. Other factors like dead volume between valve and drive, 
bulk modulus of the hydraulic fluid (which is determined primarily by the amount of 
dissolved air in the oil), use of accumulators, mechanical backlash between drive and 
driven object, resolution and dynamics of the applied sensors in the control loop are also 
relevant for the design of a high performance drive. However, these factors are beyond the 
scope of this work. The objective of this work is the development of high-response control 
valves using commercially available components and common control structures which 
lead to a significant improvement of the dynamic performance of modern electrohydraulic 
cylinder drives. 
The conventional state of the art high-response control valves incorporate mature and 
proven working principles and actuators. The dynamics and precision of these actuators 
have been optimised for the last 60 years. Therefore, new actuators and working principles 
are needed to achieve a quantum jump in valve technology. Piezoelectric actuator can be a 
promising technology for this progress due to its high dynamics and resolution. 
In the following, the structure of this thesis will be presented. The introduction and 
objectives are followed by a description of the state of the art valve controlled 
electrohydraulic cylinder drives in Chapter 2. Then, the influence of valve characteristics 
on drive performance in closed-loop pressure and position control is investigated with the 
help of linear models. The investigations will show that valve dynamics has a decisive 
impact on reference and disturbance response of the drive. Finally, some previous 
approaches in academic and industrial fields to increase valve dynamics will be discussed. 
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Chapter 3 and Chapter 4 present the author’s approaches for the development of directly 
and pilot operated high-response hydraulic servovalves which should outmatch the 
dynamics of modern conventional servovalves. This improvement will be achieved by the 
use of piezoelectric actuators as valve drives. Each of these chapters deals with design, 
dimensioning and manufacturing of valve parts, calculation of flow forces, design of 
internal position control, adjustment of valve zero-points and other valve-specific issues. 
The measurements of static and dynamic characteristics of both valve prototypes and 
comparisons to those of the conventional valves complete this main part of the thesis. 
In order to prove the theoretical considerations of Chapter 2, one of the valve prototypes 
will be tested in closed-loop pressure and position control of a cylinder drive. After the 
discussion on different control structures and selection of reasonable controllers, the 
experimental results are presented in Chapter 5. The experimental results, comprising 
reference and disturbance responses in time domain of pressure and position controlled 
drive, are followed by calculations of reference and disturbance responses in frequency 
domain of position controlled drive by means of simulation. 
Chapter 6 summarises the essential results of the thesis and presents a short outlook for 
further research work on piezo-servovalves. 
This thesis has predominantly resulted from research work within the projects 
“Development of Piezo-Actuated Pilot Stage for High-Response Hydraulic Servovalves” 
supported by the foundation “Stiftung Industrieforschung” and “Development of Stiff 
Servohydraulic Drives Using Hybrid Valve” funded by the German Research Foundation 
(DFG). 
 
4  2 State of the art 
2 State of the art 
This chapter gives an overview of the state of the art cylinder drives and control valves. 
The influence of valve parameters on closed-loop position and pressure control of an 
exemplary electrohydraulic drive is discussed using linear models. The valve dynamics is 
identified as an important parameter affecting the performance of the drive control in terms 
of reference and disturbance response. The investigation results are extrapolated from the 
considered examples to a general case of pressure and position control. Finally, recent 
design approaches in academic and industrial fields to increase the valve dynamics are 
discussed. 
2.1 Valve controlled electrohydraulic cylinder drives 
Application examples 
Electrohydraulic cylinder drives combine such features as high power density, simple and 
safe implementation of linear movement and safeguard against overload, high control 
accuracy, high dynamics due to a small own mass inertia, good lubrication and heat 
removal by hydraulic fluid /Mur05/. However, the high dynamics and control accuracy of 
valve controlled drives are achieved at the expense of efficiency. Further shortcomings are 
maintenance of oil and contamination of servovalves. 
Valve controlled hydraulic drives are widely used in numerous applications. Some 
examples of stationary and mobile applications as well as characteristics of the 
corresponding control valves are presented in the charts of Figure 2-1. The majority of the 
mobile applications can be controlled by the valves with the dynamics of up to 50 Hz. 
However, there are some applications, predominantly in the military engineering which 
require the control valves with the dynamics of up to 700 Hz. The main area of the 
stationary applications needs faster control valves (50 – 150 Hz) with higher nominal flow 
rates. The control valves with a limiting frequency of 200 Hz and above are used in a 
growing market of testing machines and in a big market segment of die casting and 
machine tools. 
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Figure 2-1: Applications of hydraulic drives and corresponding valve characteristics 
/Mas78/ 
Figure 2-2 shows an example of a state of the art electrohydraulic cylinder drive for high 
performance stationary applications. A three-stage servovalve is mounted directly on the 
cylinder to reduce dead volume. Accumulators compensate dynamic flow and pressure 
6  2 State of the art 
variations in the supply and return line. A position measurement system is integrated to 
close the control loop of the drive. 
 
Figure 2-2: State of the art electrohydraulic cylinder drive 
Bearings and types of cylinder drives 
Cylinder drives can be roughly divided into three main types according to the bearing types 
of the piston rod. These are sliding bearing, hydrostatic plain gap storage bearing and 
hydrostatic pocket bearing. Figure 2-3 presents the design principles of the bearing types, 
corresponding pressure profiles and seals at the piston rod. The seal consists of a sliding 
sealing ring (mostly bronze, coated by PTFE) which is mechanically pre-loaded by an o-
ring. A wiper prevents an intake of external contamination but, at the same time, must not 
destroy the lubricating oil film on the surface of the piston rod. 
 
Figure 2-3: Bearing types of cylinder drives /Rex02/ 
The bearing type has a decisive effect on the pressure profile which, in turn, influences 
friction force and transverse load capacity of the drive. Whereas the pressure of a cylinder 
chamber loads the seals and increases the friction force in the sliding bearing, the seals of 
the hydrostatic gap and pocket bearings are pressure-relieved due to the leakage lines. 
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Furthermore, the hydrostatic pocket bearing provides the drive with a high transverse load 
capacity due to a load compensation by the pocket pressure fields. This makes the friction 
of the hydrostatic pocket bearing independent on the transverse load. 
Table 2-1 summarises the typical features and characteristic values of three main types of 
cylinder drives. Commercially available cylinder drives are considered only. Nonstandard 
designs, ranging from miniature drives for charge-cycle valves in marine diesel engines to 
giant cylinders for cranes and water sluices, go beyond the scope of the consideration. 
 industrial cylinders high performance cylinders servocylinders 
bearing sliding bearing hydrostatic plain gap storage bearing 
hydrostatic pocket 
bearing 
transverse load 
capacity restricted restricted high capacity 
friction dependent on pressure and transverse load 
independent on 
pressure, dependent on 
transverse load 
independent on pressure 
and transverse load 
max. operation 
frequency 5 Hz 50 Hz limited by control valve 
max. velocity 0.5 m/s 2 m/s 5 m/s 
position 
transducer magnetostrictive 
LVDT or 
magnetostrictive 
LVDT or 
magnetostrictive 
Table 2-1: Three main types of electrohydraulic cylinder drives /Rex02/ 
Whereas the maximum operating frequency of the industrial and high performance 
cylinders is limited by the seals and natural frequency of the drives, the dynamic 
performance of the servocylinders is mostly constrained by the dynamics of the control 
valve. 
A performance diagram is presented in Figure 2-4 showing relations of frequency, 
amplitude, velocity and acceleration for the cylinder types. The maximum amplitude of all 
cylinders is restricted here to 300 mm. The minimum amplitude is limited by the resolution 
of position control which is 0.01 mm for high performance cylinders and 0.001 mm for 
servocylinders. As expected, the industrial cylinders cover the smallest area in the 
performance diagram. The high performance cylinders take the middle range. And the 
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servocylinders fill the biggest area of the diagram limited by the frequency of 500 Hz, 
acceleration of 60 g and velocity of 5 m/s. 
 
Figure 2-4: Performance diagram of electrohydraulic cylinder drives /Rex02/ 
Besides the high requirements for dynamics and control accuracy, modern valve controlled 
electrohydraulic cylinder drives face several other challenges /Boe04/, /Köck05/, /Hel06/: 
 improvement of efficiency, environmental friendliness and reduction of total cost of 
ownership 
 integration of a digital drive control into the valve and digital configuration of 
control parameters 
 bus communication with decentralised, technology-independent, primary control 
structures 
 condition monitoring for high availability and reliability of the system 
Design and feedback principles in conventional control valves 
A state of the art control valve for an electrohydraulic cylinder drive is mostly a directional 
control valve which converts a low power electrical input signal (i.e. voltage or current) 
into a proportional mechanical output (i.e. valve opening). 
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Figure 2-5 presents a simplified signal flow diagram of the valve with different options for 
internal control of the valve opening. 
 
Figure 2-5: Simplified signal flow diagram of control valve 
A valve actuator (e.g. proportional solenoid, linear force motor, voice coil, torque motor) 
generates a force or momentum and drives the mechanics of the main stage (in case of 
directly driven valve) or the mechanics of the pilot stage (in case of pilot operated valve). 
Currently, the directly driven control valves are designed for nominal flow rates of up to 
100 l/min. At higher flow rates the flow forces outweigh the actuator force and reduce the 
valve opening. The spool of a directly driven valve usually incorporates flow force 
reducing geometry (q.v. Figure 4-14). 
To counteract the flow forces and to gain high dynamics, the driving force of the main 
stage can be generated hydraulically by a pilot stage. The common pilot stage principles 
are: flapper-nozzle system, jet pipe system or spool valve. Thus, the driving force can 
reach 10 times higher values than the flow force /Schä01/. However, the pilot stage 
requires a high cleanliness grade of oil and causes permanent power losses due to its pilot 
flow. The losses are in the range of 100 to 1000 W for flapper-nozzle systems and 50 to 
500 W for jet pipe systems. The hydraulic supply and the return line of the pilot stage can 
be provided internally (connected to the supply and return of the main stage) or externally. 
In valves with a high flow rate the pilot stage can consist of several stages. 
In order to compensate disturbing forces of the main stage, on the one hand, and to achieve 
a proportional relation between the control signal of the actuator and the opening of the 
main stage, on the other hand, the latter should be fed back to the pilot stage. The feedback 
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can be implemented by hydraulic feedback principle, follower piston principle, torque 
feedback principle and electrical feedback principle /Schä01/. The first two mentioned 
principles are quite rare. 
In case of the hydraulic feedback principle, the main stage spool moves due to a pressure 
difference in the pilot chambers. At the same time, a compensating groove connects the 
pilot chamber of the higher pilot pressure with the return line, so that the pressure 
difference reduces and the spool stops moving (Figure 2-6, left) /Mur08/. 
An example of the follower piston principle is shown on the right side of Figure 2-6. A 
pilot stage spool varies the pilot pressure on the left frontal area of the main stage spool, 
while the right frontal area is subjected to a constant supply pressure. A defined 
displacement of the pilot spool results in a correlative pressure difference which initiates 
the main stage spool to follow the pilot spool and to compensate this pressure difference. 
When the pressure difference is balanced, the main stage spool stops moving. 
 
Figure 2-6: Hydraulic feedback principle and follower piston principle 
The torque and electrical feedback principles are described in Chapter 4.1 (Figure 4-1). 
The main stage can be designed as either a rotary slide valve or the more common linear 
spool valve. For the reasons of precise manufacturing and compensation of valve housing 
deformation, the main spool is usually guided in a sleeve. Nevertheless, manufacturing 
2 State of the art 11 
 
inaccuracy can lead to an uneven shape of the radial clearance between spool and sleeve. 
This can cause an unbalanced pressure distribution on the peripheral area of the spool and 
might lead to a higher friction force or even to a blocking of the spool, which is also 
known as hydraulic lock. This problem can be approached by pressure balancing grooves, 
which are cut into the peripheral area of the spool. Thereby, a compromise has to be found 
between reduced friction force and increased valve leakage /Mil01/, /Schl06/. 
Lap condition of the valve 
Another important feature of the main stage is lap condition. Lap is a relative axial position 
relationship between fixed and movable control edges, when the spool is at its zero-point. 
It is a matter of control task and production expenditure whether to use overlap, underlap 
or zero lap. A spool with overlap can be manufactured cheaper, however, it causes a dead 
band in the flow curve of the valve, so that a precise position control or force control of the 
cylinder drive will be more difficult to implement. Velocity control can be realised without 
difficulty if the operating points of the valve are beyond the overlap. Overlapped valves 
can be used to block the drive in centred position at a low leakage. 
Underlap causes an increase of slope in the flow curve at the zero-point. Underlapped 
valves are required in constant flow systems. Due to the higher valve leakage, underlap 
increases damping of the cylinder drive which improves control stability. However, the 
dynamic load stiffness of the drive is reduced by underlap. The valves with underlap or 
zero lap are applicable for position control as well as force or pressure control. 
Types of directional control spool valves 
The directional control spool valves can be categorised into three types. This distinction is 
not standardised but rather influenced by different requirements on control tasks of various 
applications and is a result of marketing strategies of valve manufacturers since the early 
1970’s. Table 2-2 lists the typical features and characteristics of these valve types /Göt99/, 
/Schä01/, /Mur08/. 
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 proportional control valve 
closed-loop control 
valve servovalve 
pilot stage rare sometimes always 
electrical 
feedback 
principle 
sometimes always almost always 
spool mounting spool in valve housing spool in sleeve spool in sleeve 
lap condition overlap zero lap, underlap precise zero lap 
oil cleanliness  NAS 9  NAS 8  NAS 7 
pnominal 5 bar per land 35 bar per land 35 bar per land 
90°-frequency, 
low input signal f90° < 50-70 Hz 70 Hz < f90° < 200 Hz 200 Hz < f90° < 330 Hz 
step response 
time, 100% 
input signal 
direct drive  50 ms 
pilot operated  80 ms 
direct drive  15 ms 
pilot operated  50 ms 
pilot operated  10 ms 
valve actuator proportional solenoid 
proportional double-
stroke solenoid, linear 
force motor, voice coil
torque motor 
application 
open-loop control, 
closed-loop control 
with low demands on 
precision 
open-loop control 
with high demands on 
dynamics, closed-loop 
control 
closed-loop control 
with very high demands 
on dynamics and 
precision 
Table 2-2: Types of directional linear spool valves 
Valve non-linearities and their compensation 
The valve opening and the pressure difference at the main stage determine the volume 
flow. Figure 2-7 shows in the centre the load flow characteristics of a four-way zero lap 
valve with its typical non-linear relationship to the load pressure difference according to 
the orifice flow equation. The relationship between flow and valve opening should be 
linear according to theory but practically often exhibits a non-linearity due to 
manufacturing inaccuracy of control edges (Figure 2-7, right). 
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Figure 2-7: Non-linearities of the valve 
These non-linearities and the dependency on pressure reduce the valve resolution 
(operating point dependent flow-stroke gain VQy), complicate the control structure 
(operating point dependent control gains can be required) and change the damping of the 
cylinder (operating point dependent flow-pressure gain VQp influences the damping) 
/Boe95/. Gains VQy and VQp are discussed in detail in Chapter 2.2. 
The electrical feedback principle and the digitalisation of valve control allow to implement 
a compensation of valve non-linearities and, thus, to realise an operating point independent 
stable and accurate control of the cylinder drive. Using an inverted flow curve and pressure 
signals, the valve characteristics can be widely linearised. Figure 2-8 shows the examples 
of the compensation /Bac90/, /Boe95/. 
 
Figure 2-8: Compensation of non-linearities of the valve /Bac90/, /Boe95/ 
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Furthermore, the digital valve control can incorporate direction dependent flow-stroke gain 
to account for different piston areas of a differential cylinder drive, dead band 
compensation, dithering (q.v. Chapter 2.3) and entire pressure or position controllers of 
the cylinder drive. 
2.2 Influence of valve characteristics on drive performance 
In this chapter the influence of characteristic valve parameters on the performance of a 
cylinder drive is investigated with the help of linear models. The considered valve 
parameters are natural frequency fv, damping ratio Dv, nominal flow rate Qnominal and 
pressure-stroke gain Vpy. The performance of the cylinder drive implies here a reference 
response of a closed-loop pressure control and disturbance response of a closed-loop 
position control. The use of linear models allows for deriving maximum controller gains at 
which the system is still stable. However, the models are valid for a particular operating 
point only. Furthermore, linear models do not consider limits of stroke and velocity of the 
valve spool, dependency of bulk modulus E´ on pressure, pressure-proportional internal 
and external leakage of the drive, dependency of capacity Ch on piston position (relevant 
for position control only) and non-linear friction forces of cylinder and valve. That is why 
the objective of the investigation is not a precise modelling of a valve controlled drive but 
the identification of the valve parameters with the strongest influence on the dynamic 
performance of the drive in pressure and position control. 
2.2.1 Pressure control 
Figure 2-9 presents a linear mathematical model of a closed-loop pressure control with a 
proportional controller KP. For further discussion the disturbance flow Qdist. is assumed to 
be zero, so that the reference response of pressure control can be studied. The valve is 
assumed to be a second-order lag element characterised by gain Vv, natural angular 
frequency 
v and damping ratio Dv /Tha58/. 
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Figure 2-9: Linear model of pressure control for reference response 
Using a four-way control valve in this system, the pressure is varied by the valve flow 
PA or AT. This means that the valve works as a hydraulic half bridge. The load flow 
QL depends on whether the control edge PA (pressure increase) or AT (pressure 
decrease) is active. In case of opening PA of a zero lap valve the non-linear load flow QL 
is given by: 
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In order to analyse the linear model, the load flow is linearised in a particular operating 
point according to equation: 
LbridgehalfbridgehalfL pVyVQ QpQy 	  eq. 2-2 
Equation eq. 2-2 states that the load flow of the valve QL is proportional to the stroke y and 
is reduced by a feedback of load pressure difference pL. The proportionality factors VQy and 
VQp build theoretical flow of the valve Qth. and lost flow Qloss due to the feedback of load 
pressure difference, respectively. The proportionality factors at a certain operating point 
(op) are given by: 
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The reference flow Q0 can be written as: 
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nominal
0
nominal0 
2/
p
pQQ 	  with pnominal=35 bar eq. 2-5 
Flow-pressure gain VQp can be also represented as: 
bridge half
bridge half
bridgehalf
py
Qy
Qp V
V
V 	  eq. 2-6 
with pressure-stroke gain Vpy. The pressure-stroke gain is given by: 
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In case of opening AT of a zero lap valve the non-linear load flow QL is given by: 
0
L
max0
L
p
p
y
y
Q
Q
	  eq. 2-8 
The load flow can be linearised according to eq. 2-2. However, the gains of the linearised 
load flow change now to: 
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eq. 2-10 
Disturbing flow Qdist. and leakage flows are neglected in the model. Finally, the controlled 
variable pactual is determined by integrating the effective flow Qeff. according to eq. 2-11. 
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1 dtQ
C
p  eq. 2-11 
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The reference response transfer function of the closed-loop pressure control with a 
proportional controller KP is: 
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eq. 2-12 
According to Hurwitz theorem this linear control system is stable if all the coefficients 
an…a0 are available and positive, and if the Hurwitz-determinant and its subdeterminants 
are positive /Ab07/. The latter condition for this pressure control system is as follows: 
03021  aaaa  eq. 2-13 
Thus, the system is stable for controller gain KP which fulfils: 
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
 eq. 2-14 
Next, the system is investigated for an exemplary case at an operating point of 
pactual=50 bar for different valve parameters (see Table 2-3) for the case PA using KP 
from eq. 2-14. 
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constant parameters: 
Ch [cm3/bar] 56/16000 
p0 [bar] 100 
ymax [mm] 0.5 
pL,op [bar] 50 
yop [mm] 10% ymax, PA 
Vv [mm/V] 0.5/10 
variable parameters: 
fv [Hz] 100 200 300 
Dv [-] 0.5 1 1.5 
Qnominal [l/min] 18.75 37.5 56.25 
Vpy [bar/mm] 1000 2000 3000 
Table 2-3: Parameters of linear pressure control model 
Figure 2-10 presents a calculated step response and frequency response of the system for 
different fv. The investigations show that increased valve dynamics reduces the response 
time and the steady-state error of the controlled pressure value. The limiting frequencies of 
the system shift to higher values for larger natural frequency of the valve. 
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Figure 2-10: Influence of fv on pressure reference step response 
(Dv=1, Qnominal=37.5 l/min, Vpy=2000 bar/mm) 
Higher valve damping Dv results in the reduced steady-state error variable of the step 
response and, as expected, lowers the resonance magnitude of the frequency response. 
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However, variation of valve damping in the considered range leads to negligible changes of 
the system response time (Figure 2-11). 
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Figure 2-11: Influence of Dv on pressure reference step response 
(fv=200 Hz, Qnominal=37.5 l/min, Vpy=2000 bar/mm) 
A higher nominal flow rate of the valve Qnominal increases VQy and VQp. For stability reasons 
KP should be decreased. Nevertheless, the effective flow grows leading to a faster pressure 
change in the chamber (Figure 2-12). 
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Figure 2-12: Influence of Qnominal on pressure reference step response 
(Dv=1, fv=200 Hz, Vpy=2000 bar/mm) 
The variation of pressure-stroke gain Vpy in the considered range does not influence the 
system significantly. 
A comparison of step response in time and frequency domain for different valve 
parameters shows that the natural frequency of the valve fv has the strongest influence on 
the dynamics of the considered exemplary pressure control. 
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For a general case of pressure control a usual operating point of the valve can be assumed 
near its zero-point where VQp is small. Neglecting VQp in eq. 2-14, the maximum open-loop 
gain VKmax is given /Schä77/: 
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	  eq. 2-15 
Generally, a higher open-loop gain improves reference and disturbance response of closed-
loop control. Equation eq. 2-15 shows in a general case of pressure control that the open-
loop gain can be increased by higher dynamics of the valve (i.e. 
v). 
2.2.2 Position control 
Figure 2-13 shows a linear mathematical model of a closed-loop position control with a 
proportional controller KP /Mur08/. For further discussion the command signal xcommand is 
assumed to be zero, so that the disturbance response of position control can be 
investigated. The valve is assumed to be a second-order lag element. 
 
Figure 2-13: Linear model of position control for disturbance response 
In this system a four-way control valve works as a hydraulic full bridge guiding the flow to 
PA, BT and PB, AT. The load flow changes its sign for different directions of the 
valve opening. For a zero lap valve, as a hydraulic full bridge, the non-linear load flow QL 
is given by: 
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The load flow is linearised in a particular operating point as follows /Mur08/: 
LbridgefullbridgefullL pVyVQ QpQy 	  eq. 2-17 
The proportionality factors at a certain operating point are given by: 
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The reference flow Q0 can also be written as in eq. 2-5. Furthermore, VQp can be formed as: 
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with pressure-stroke gain Vpy. The pressure-stroke gain is given by: 
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A virtual flow ( 
x Acd) due to the movement of the cylinder piston is subtracted from the 
load flow forming an effective flow Qeff. which is used for the integration of the load 
pressure difference pL. The pressure-proportional and velocity-proportional leakage of the 
drive is neglected in the equation of load pressure difference. The capacity of a single 
cylinder chamber Ch is assumed to be constant and is given by the middle position of the 
piston. 
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The piston movement of a double rod cylinder with an attached mass m is described by 
Newton’s equation of motion. The friction force is assumed to be linearly dependent on the 
velocity. 
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dist.cdL FxdApxm x 	    eq. 2-23 
Neglecting xd   as well as pressure dependent and velocity dependent leakage of the 
cylinder drive, the disturbance response transfer function of the closed-loop position 
control with a proportional controller KP is: 
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eq. 2-24 
Applying Hurwitz theorem of stability, the following system of inequations must be solved 
to derive the controller gain KP at which the system is still stable: 
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 eq. 2-25 
Assuming a common operating point of the valve close to its zero-point, VQp can be 
neglected, and the system is stable for KP which fulfils: 
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The operating point of the linear model is assumed to be a state of the drive when a 
disturbing force Fdist. of 10 kN acts on a vertically aligned cylinder. Considering the weight 
of the mass and the disturbing force, the load pressure difference can be calculated to 
96 bar. The valve opening at this point is supposed to be 10%. 
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Next, the system is investigated at this operating point for different valve parameters 
(Table 2-4) using KP from eq. 2-26. 
constant parameters: 
Ch [cm3/bar] 56/16000 
p0 [bar] 100 
ymax [mm] 0.5 
pL,op [bar] 96 
yop [mm] 10% ymax 
Vv [mm/V] 0.5/10 
m [kg] 52.6 
Acd [mm2] 1100 
Fdist. [kN] 10 
xd   [Ns/m] 21 
variable parameters: 
fv [Hz] 100 200 300 
Dv [-] 0.5 1 1.5 
Qnominal [l/min] 18.75 37.5 56.25 
Vpy [bar/mm] 87 174 261 
Table 2-4: Parameters of linear position control model 
Figure 2-14 shows the results of calculations of disturbance response in time and 
frequency domain for different fv when the drive is subjected to a step force and a sine-
sweep force with a peak-to-peak magnitude of 10 kN. A higher natural frequency of the 
valve reduces transient and steady-state deviation of the drive position. The resonance 
magnitude of the drive compliance reduces, and the resonance frequency shifts to higher 
values for more dynamic valves. 
The reduction of dynamic position deviation or, in other words, the increase of dynamic 
stiffness is a very important improvement for a cylinder drive, which possesses a relative 
low dynamic stiffness due to the compressibility of oil. The results show that an increase 
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of valve dynamics by a factor of 3 improves the dynamic stiffness by 45%. This 
improvement is valid for a large amplitude of the disturbance signal. 
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Figure 2-14: Influence of fv on position disturbance step response 
(Dv=1, Qnominal=37.5 l/min, Vpy=174 bar/mm) 
The variation of valve damping Dv in the considered range of values does not have much 
influence on the disturbance response of the drive (Figure 2-15). 
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Figure 2-15: Influence of Dv on position disturbance step response 
(fv=200 Hz, Qnominal=37.5 l/min, Vpy=174 bar/mm) 
The disturbance response is slightly affected by the nominal flow of the valve Qnominal. A 
higher nominal flow increases VQy which lowers the controller gain KP (eq. 2-26), so that 
the open-loop gain remains the same. 
The variation of pressure-stroke gain of the valve Vpy has a considerable effect on the 
disturbance response. The importance of this parameter has been already identified by 
ROTH in /Roth84/ for steady-state case. The disturbing force of the cylinder drive induces 
a load pressure difference pL which corresponds to a certain valve opening according to the 
pressure curve of the valve. This valve opening is related to a certain position error in case 
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of a P-controller. A ratio of the disturbing force to the resulting steady-state position error 
defines the static stiffness of the cylinder drive. Figure 2-16 presents these relations for 
two different pressure-stroke gains of the valve Vpy1 and Vpy2 and a constant controller gain 
KP. A higher pressure-stroke gain Vpy1 results in a higher static load stiffness of the drive 
L1. 
 
Figure 2-16: Relation between Vpy and static stiffness of the drive /Roth84/ 
Apart from the improvement in a steady-state region, a higher Vpy reduces the position 
deviation of the drive in a transient region as well. From Figure 2-17 it can be estimated, 
that an increase of Vpy by a factor of 3 improves the dynamic stiffness of the considered 
drive by 150%. 
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Figure 2-17: Influence of Vpy on position disturbance step response 
(Dv=1, fv=200 Hz, Qnominal=37.5 l/min) 
A comparison of the results shows that the pressure-stroke gain of the valve Vpy has a 
dominant influence on the disturbance response of the drive in position control. However, 
this design parameter can only be increased to a certain limit which is determined by the 
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production accuracy of zero lap and radial clearance between spool and sleeve. 
Furthermore, an abrasion of control edges and surfaces of spool and sleeve by hard 
particles in the hydraulic fluid reduces this parameter /Leh96/. This is the reason why the 
increase of natural frequency of the valve fv is supposed to be the design parameter with 
more sustainable effect on the dynamic improvement of the drive. 
Let us move on from the particular case to a general case of position control and find out 
how it depends on valve dynamics. Unlike pressure control, in which the maximum open-
loop gain is proportional to the dynamics of the valve (eq. 2-15), equation eq. 2-26 does 
not reveal at first glance a clear influence of 
v on the maximum KP value and, 
consequently, on the maximum open-loop gain. Using a simplified equation of the natural 
angular frequency of the cylinder: 
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	  eq. 2-27 
and substituting eq. 2-27 in eq. 2-26, the controller gain KP for a stable control can be 
written as: 
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eq. 2-28 
Thus, the maximum open-loop gain of the position control is: 
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eq. 2-29 
with a simplified velocity gain C0 of the cylinder drive: 
cd
actual
0 A
V
y
xC Qy		   eq. 2-30 
The maximum open-loop gain is plotted on the left in Figure 2-18 against the natural 
angular frequencies of the valve and the cylinder drive. It can be seen that, using a P-
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controller, faster valves allow to reach higher open-loop gains for more dynamic drives. 
However, there is an optimum which depends on a ratio of the frequencies. This optimum 
is depicted on the graph on the right for a specific maximum open-loop gain against the 
ratio of the frequencies. The curve corresponds to the results of the investigations carried 
out by NOSKIEVI /Nos95/ and DIETER /Die98/. 
  
Figure 2-18: Maximum open-loop gain for P-controller 
While deriving eq. 2-29, all parameters affecting the damping of the cylinder have been 
neglected (i.e. VQp = 0, xd  = 0, no leakages of the drive). Taking into account damping of 
the cylinder Dcd for the derivation of the specific maximum open-loop gain, its limit for 
high values of frequency ratio should be /Nos95/, /Cla69/: 
cd
cd
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cd
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
 eq. 2-31 
Thus, it can be concluded that the open-loop gain of position control, using a P-controller, 
can be improved until the dynamics of the valve is approx. of the same value as that of the 
cylinder drive. Further increase of valve dynamics decreases the maximum open-loop gain. 
The linear theory, however, says that the highest values of the open-loop gain can be 
achieved by means of a state controller /Schä77/, /Roth83/, /Mur08/. The state controller is 
feasible for frequency ratio 
v/
cd of more than 3 /Kle93/. A negative feedback of velocity 
signal with factor xK   raises 
cd according to: 
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and allows higher open-loop gains. In order to keep the required frequency ratio for a 
growing 
cd, a higher 
v is needed. Therefore, within the linear theory it can be inferred 
that the higher valve dynamics, the higher open-loop gain can be achieved in case of the 
state controller. For more information on the state controller, it can be referred to Chapter 
5.3.1. 
2.3 Previous approaches to increase valve dynamics 
Investigations of pressure and position control by means of the linear models have shown 
that the valve dynamics has a decisive impact on reference and disturbance response of the 
drive. Then, these findings have been extrapolated to general cases of pressure and position 
control. Finally, it has been concluded that reference and disturbance response of a 
cylinder drive could be improved by a higher valve dynamics. In this chapter some 
previous approaches in academic and industrial fields to increase valve dynamics will be 
discussed. 
The response of a directly driven or pilot operated servovalve depends on the dynamics of 
the valve actuator. In the pilot operated valve a time constant of the pilot stage influences 
the dynamics of the valve additionally. Since the late 1980’s some attempts have been 
made to design high-response hydraulic servovalves for industrial applications using 
“smart materials” including piezo-actuators. The piezoelectric actuator is well-known for 
its high dynamics. It develops a mechanical deformation when an electrical field is applied. 
The deformation, which is used as actuator stroke, and force range from 100 μm and 
several kN for stack actuators to 500 μm and several N for bender actuators. The actuator 
represents a capacitive load for electrical power supply. It exerts a linearly decreasing 
force with a growing stroke while being charged and does not need energy in order to hold 
a position under load. For further information on the fundamentals of piezoelectric 
actuation and different actuator types refer to /Jan92/, /Jen95/, /Hei99/, /PI09/. 
Besides the high dynamics, the piezo-actuators possess a high power density (high power 
output per unit volume or mass) which is important for a compact design. Especially stack 
actuators have a high stiffness and, consequently, a lower compliance under load forces. 
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The high stiffness and a fine resolution of the driving signal improve the positioning 
accuracy of the actuator. Furthermore, piezo-actuators have recently become available as 
OEM parts in different sizes and designs. 
Figure 2-19 provides an overview of some high-response servovalve developments since 
1988. The term “servovalve” denotes in this case a proportional relation between electrical 
input signal and flow output of the valve and not necessarily the high requirements on 
spool land manufacturing to achieve a linear flow curve and a steep pressure curve. Two 
valves highlighted by grey fields refer to this work. 
 
Figure 2-19: Overview of novel high-response hydraulic servovalves 
In directly operated valves the forceful stack piezo-actuators are used to overcome flow 
forces. However, the small stroke of the actuators has to be amplified by a mechanical or 
hydraulic system to achieve a feasible flow rate of the valve. The hydraulic system allows 
an approx. 10 times higher amplification ratio than a mechanical one /Her96/, though the 
stiffness of each system decreases by the squared amplification ratio. This reduces the 
precision and dynamics of the actuation system. Table 2-5 lists the main properties of the 
stroke amplification systems for valves. 
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mechanical amplification hydraulic amplification 
 maximum amplification ratio of 101 
 higher inertia 
 larger dimensions 
 problem of backlash 
 less fatigue resistance of flexure hinges 
 maximum amplification ratio of 102 
 lower inertia 
 compact design 
 problem of leakage and dissolved air 
 problem of thermal expansion of the fluid 
Table 2-5: Mechanical and hydraulic stroke amplification 
A product of company Hydraulik Ring /Mat94/, /Ohm96/ can be taken as an example of a 
directly driven piezo-valve with a mechanical stroke amplifier. Figure 2-20 shows the 
valve and its schematic mechanical stroke amplification system. The amplification ratio is 
set by the distances between the pivot point and the joints. The valve has outstanding 
dynamic characteristics, however, the amplified stroke of the spool of ±150 μm leads to 
extremely narrow manufacturing tolerances and a small nominal flow rate. 
 
Figure 2-20: Directly driven piezo-valve /Mat94/, /Ohm96/ 
Hydraulically amplified actuators can be found in a valve prototype of HERAKOVI 
/Her96/. The amplification ratio is defined by the areas of the pistons at the input and 
output side of the amplifier. In order to avoid oil leakage, the amplification system of this 
valve consists of a membrane on the actuator side and a flexible metal bellow on the spool 
side. Thermal expansion of the actuators and the oil is compensated by the opposed 
arrangement of the actuator packages (Figure 2-21, left). LINDEN /Lin02/ uses silicon 
filling in the hydraulic amplifiers to avoid leakage (Figure 2-21, right). 
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Figure 2-21: Hydraulically amplified valve actuators /Her96/, /Lin02/ 
Another approach to solve the problem of leakage in hydraulic stroke amplifiers is offered 
by FÖRSTERLING /För96/ by means of integrated micropumps (Figure 2-22). 
 
Figure 2-22: Hydraulically amplified valve actuators with leakage compensation /För96/ 
In pilot operated valves a larger stroke of bender piezo-actuators can be exploited. 
However, due to a low force, the bender actuators are mostly used in pneumatic piezo-
valves. HAGEMEISTER /Hag99/ showed that with the help of force compensation it was 
possible to use bender actuators in a hydraulic three-way servovalve at a common high 
pressure range. The valve consists of a hollow spool with an internal connection to P-port. 
The bores of the spool are constant resistors which connect the supply to the pilot 
chambers. The pressure of the chambers is changed by the variable resistors, represented 
by the nozzles and the bender actuators, so that a pressure difference exerts a driving force 
on the annular frontal surfaces of the spool. The force compensation is implemented by the 
pistons supporting the backside of the bender actuators (Figure 2-23, left). 
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A similar principle has been patented by company Sulzer AG in 1989 /Sul89/. According 
to this patent, the stack actuators drive the variable resistors. The constant resistors are 
arranged in the external lines between supply line and pilot chambers (Figure 2-23, right). 
       
Figure 2-23: Pilot operated novel high-response piezo-servovalves /Hag99/, /Sul89/ 
Besides piezo, other actuation systems have been developed and improved for high-
response hydraulic valves. Moog /Moo09/ introduced a high flow proportional valve driven 
by a high performance synchronous AC servomotor in 2009. The rotation of the motor is 
converted to a translation of the spool by a transmission mechanism (Figure 2-24, left). 
Improvements in voice coil design have facilitated the development of high-response 
valves. The coil is wound on a light plastic carrier which surrounds a permanent magnetic 
cylinder. The coil carrier is connected to the spool directly and has no additional bearings. 
A driving force is generated when current passes the coil in the magnetic field of the 
permanent magnetic cylinder according to the Lorentz force law. The force is constant over 
the whole stroke range and can be inverted by changing the current flow direction. The 
force magnitude and power consumption of the voice coil is comparable to that of a 
proportional solenoid. Additionally, such features as low friction, low inertia, bidirectional 
action, cooling by oil inside the valve housing provide higher dynamics for this actuator. 
The valves 1SVC by Lansmont /Lan05/ (Figure 2-24, right) and since 2002 on the market 
available DFplus by Parker /Par05/ can be mentioned as examples of voice coil-driven 
servo-proportional valves. 
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Figure 2-24: Novel high-response servovalves with electromagnetic actuation /Moo09/, 
/Lan05/ 
Currently, research work is carried out in the use of the electrorheological effect for 
dynamic actuation of hydraulic valves. Electrorheological fluids are suspensions of fine 
non-conducting particles in an electrically insulating fluid. The apparent viscosity of these 
fluids changes reversibly by an order of up to 105 in response to an electrical field. A 
typical electrorheological fluid can go from the consistency of a liquid to that of a gel and 
vice versa with response times on the order of milliseconds. Thus, it is possible to 
implement dynamic variable flow resistors without moving mechanical parts. An example 
of an electrorheologically actuated hydraulic servovalve is shown in Figure 2-25 /ERF07/. 
 
Figure 2-25: Novel high-response servovalve with electrorheological actuation /ERF07/ 
The pilot stage consists of two constant and two variable flow resistors which generate a 
pressure difference to drive the main stage spool. Two flexible membranes separate the 
electrorheological fluid of the pilot stage from the hydraulic oil of the main stage. 
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Optimisation of design and control of conventional valve actuators (e.g. proportional 
solenoid, linear force motor, torque motor, voice coil) has also contributed to the 
improvement of valve dynamics. The use of new materials (e.g. neodymium iron boron i.e 
NdFeB) in permanent magnets has allowed to increase the magnetic field intensity and, 
consequently, the driving force of linear force motors, torque motors and voice coils. In 
solenoids new iron-cobalt-alloys (e.g. vacoflux18HR) with a high magnetic permeability 
and a high electrical resistivity suppress eddy currents and, thus, speed up magnetisation. 
On the part of mechanics, a reduction of mass and viscous damping of the actuator as well 
as flow force compensated design of the hydraulic stage raise the dynamics of the valve. 
Furthermore, bronze and PTFE coatings have been used in the bearings of a solenoid 
armature to reduce friction forces. 
On the part of control signal conditioning, such measures as over-excitation, dithering and 
digitalisation have also improved valve dynamics. Over-excitation of solenoids accelerates 
the current flow and, consequently, speeds up the magnetisation and reduces the response 
time of the actuator. A permanently oscillating signal – so called dither signal – which is 
superimposed to a control signal of the actuator, reduces friction force. The friction force 
remains in the range of dynamic friction avoiding nearly twice as high static friction force. 
A digitalisation of valve control offers the use of extended non-linear control structures of 
the actuator which also improves its dynamic performance /Boe03/. 
The considered prototypes and some commercially available high-response hydraulic 
servovalves (D636, D765(HR) by Moog and DFplus by Parker) are presented in Figure 2-
26 in terms of nominal flow rate and frequency of 90° phase shift for a low input 
command signal. The highlighted field indicates the design target for the novel high-
response valves which will be introduced in the following chapters. 
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Figure 2-26: Characteristics of high-response hydraulic servovalves 
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3 Development of directly operated piezo-servovalve 
In this chapter the development of a novel high-response servovalve is presented. Its 
mechanical parts are driven by a conventional actuator and a piezoelectric actuator. The 
objective of the development is to outmatch the dynamics of conventional directly operated 
control valves in the range of small stroke amplitudes. This feature of the valve should 
especially improve the disturbance response of the controlled cylinder drive. 
At first, the concept of the valve is described and some variants of the conceptual design 
are presented. Then, a detailed design process is presented taking into account flow forces, 
mechanical connections, the simplified model of the dynamic system and selection of the 
piezo-actuator. The adjustment of the valve to its mechanical, hydraulic and electrical zero-
points completes the design process. The mechanical design is followed by a design of the 
internal valve control. Finally, the performance of the valve prototype is demonstrated in 
static and dynamic measurements and compared to that of a conventional valve. 
3.1 Valve concept 
The valve concept implies the actuation not only of the spool but also the sleeve of a four-
way control valve /Pat07/. Due to a simultaneous actuation of both parts in opposite 
directions, the control orifices can be opened faster and wider. This enables the valve to 
provide the cylinder with a compensating flow faster and, therefore, to reduce a position 
deviation caused by dynamic load. 
Spool and sleeve should both be driven in closed-loop position controls to compensate for 
the disturbances due to flow forces and friction forces. Therefore, position measuring of 
these parts should be accounted for. 
Figure 3-1 shows design variation of the introduced valve concept. Two different types of 
actuators are considered: a conventional, relatively slow actuator with a large stroke (e.g. 
linear force motor, voice coil, proportional solenoid) and a fast piezo-actuator with a 
significant smaller stroke. Due to the combination of these different actuators, the valve is 
also referred to as hybrid valve. Furthermore, two different types of position measuring 
systems can be applied: an absolute position sensor (APS) and a relative position sensor 
(RPS). APS implies position measuring of a moving part relatively to the fixed valve 
3 Development of directly operated piezo-servovalve 37 
 
housing, whereas RPS measures the position of one moving part relatively to the other 
moving part of the valve. 
In concept 1 the spool is driven by a conventional actuator, and the sleeve is actuated by a 
piezo-stack. The positions of spool and sleeve can be measured by two APS applied at the 
actuators (concept 1a) or at the valve parts (concept 1b). Alternatively, the total valve 
opening can be measured directly by RPS (concept 1c). In concept 2 the spool is actuated 
by a piezo-stack, while the sleeve is driven by a conventional actuator. Concept 3 implies 
two identical conventional actuators driving spool and sleeve. The same measurement 
principles, as introduced for concept 1, are applicable for concepts 2 and 3. 
 
Figure 3-1: Variation of the hybrid valve concept 
Generally, concept 3 with two conventional actuators can double the dynamics of the valve 
for a large stroke. In contrast to this, concept 1 and concept 2 offer much higher dynamics 
of the valve but only for a small stroke due to the limitation of the piezo stroke. Besides 
excellent dynamics, another advantage of a piezo-actuator is its high resolution which is 
limited by the noise of position sensor and electrical amplifier. 
Comparing different alternatives for position measuring, it can be figured out that concept 
(b) is more precise than concept (a). Compliance of the joints between actuators and 
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moving parts can cause deviations between command and actual valve opening. The 
advantage of concept (c) is a single sensor which measures the valve opening directly. 
Signal drift of a single sensor is expected to be lower than the drift of two sensors which 
can add up in the worst case. 
3.2 Valve design 
The hybrid valve is designed on the base of a conventional directly operated servovalve 
D636 by Moog /Moo08/. Figure 3-2 shows the design of the conventional valve with 
linear force motor as conventional drive, spool, sleeve, position sensor and sophisticated 
valve control unit. The position sensor of the spool is a linear variable differential 
transformer (LVDT). 
 
Figure 3-2: Conventional directly operated valve design /Moo08/ 
Due to availability of piezo-actuators with integrated position sensors and no need to 
modify the connection between linear force motor and spool, concept 1a was chosen to be 
implemented in the hybrid valve. Development of tailor-made sensors for concepts (b) and 
(c) is rejected here because of a potential risk of their unreliability. Figure 3-3 presents the 
schematic design of the hybrid valve. The spool is actuated by a linear force motor with a 
stroke of ±0.5 mm, whereas the sleeve is driven by a piezo-actuator with approx. 10 % of 
the linear force motor stroke. Compared to Figure 3-2 the position sensor of the spool has 
to be connected to the right side of the linear force motor, while the piezo-actuator with an 
internal position sensor can be mounted to the sleeve on the left side of the valve. 
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Figure 3-3: Hybrid valve design 
The following points outline the main challenges of the valve design: 
 selection and integration of the piezo-actuator to drive the sleeve 
 transfer and integration of LVDT 
 easy adjustment of hydraulic, mechanical and electrical zero-points 
 compactness and robustness 
Flow forces 
In order to select a suitable piezo-actuator, it is important to identify the forces which act 
on the sleeve due to flow, pressure and mechanical springs. For calculation of flow and 
pressure forces Computational Fluid Dynamics (CFD) can be applied. CFD is a calculation 
algorithm which forms and solves equations of flow mechanics (e.g. conservation of 
momentum, mass and energy) on small discrete control volumes of an entire control 
volume of the flow. Meanwhile, CFD is a widely used tool for valve development in the 
industry. 
Here, the CFD-software ANSYS CFX 11.0 is used. To decrease simulation time, a model 
of a single control edge of the valve can be applied. Assuming the same flow conditions on 
the other control edge, the resulting forces are double the calculated forces of the model. 
Figure 3-4 shows the model with calculated streamlines of the flow and a region near the 
control edge, connecting port P with port A, for a detailed investigation of the flow state 
variables (e.g. pressure, velocity, phase volume fraction) at this place. The arrows indicate 
the direction of the flow. 
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Figure 3-4: CFD-model 
Table 3-1 presents the simplifications of the model and the simulation settings used in this 
investigation. 
geometry model: 
3D, single control edge (PA) with spool, sleeve, housing, inlet and 
outlet; radial gaps between spool and sleeve as well as between 
sleeve and housing are neglected; discrete orifice openings of 0.1, 0.3 
and 0.5 mm 
mesh: irregular mesh (tetrahedrons, prisms, pyramids), fine resolution of orifice opening, approx. 800000-1600000 elements 
fluid parameters: 
multiphase flow: 
1. phase: mineral oil HLP32 at 40°C (density = 864.8 kg/m3, dynamic 
viscosity = 0.0277 Ns/m2, specific warm capacity = 2100 J/(kg K), 
molar mass = 495.5 g/mol) 
2. phase: water vapour at 40°C 
cavitation model: Rayleigh-Plesset-Model, oil surface tension = 0.035 N/m, saturation vapour pressure = 10 Pa, mean diameter = 2e-6 m 
boundary conditions: pressure at inlet and outlet, volume fraction of oil at inlet = 1, volume fraction of water vapour at inlet = 0 
turbulence model: k- based shear-stress-transport (SST) model 
simulation type: steady-state simulation at discrete orifice openings 
Table 3-1: Simplifications and settings of CFD-model 
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Figure 3-5 shows an example of the calculated results as contours of state variables at the 
control edge of the valve at a pressure difference of 100 bar and an orifice opening of 
0.5 mm. The velocity vectors, shown in the velocity diagram (top left), form two vortices 
at the left and right side of the main jet. A high velocity of oil at the control edge 
corresponds to a rapid pressure decrease in this region which can be seen in the pressure 
diagram (bottom left). In order to achieve better resolution of low pressure fields, the 
pressure range is limited to 10 bar (bottom right). Besides the orifice region, there are two 
additional low pressure areas which match the vertices. Looking at the diagram of vapour 
volume fraction (top right), it can be seen that in the region of the vertex on the right hand 
side the vapour volume fraction grows. This can be interpreted as cavitation. Cavitation is 
a phenomenon of formation of vapour bubbles in a liquid phase in a region, where the 
pressure of the liquid falls below its saturation vapour pressure. 
 
Figure 3-5: State variable contours at control edge (p=100 bar, y=0.5 mm) 
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Figure 3-6 shows the results of steady-state simulations at the orifice openings of 0.1, 0.3 
and 0.5 mm and pressure differences of 35 and 100 bar. The calculated volume flow is 
compared to the measured flow at a pressure difference of 35 bar for model verification. 
The deviation of simulation to the measurement is below 10 %. 
It can be assumed that static pressure forces are compensated at all moving parts of the 
valve. Therefore, the forces acting at the spool and the sleeve are flow forces. According to 
a positive force direction (Figure 3-6), it can be concluded that flow forces try to close the 
orifice. Flow forces acting in the opposite direction of the orifice opening are typical for 
valves with a pressure force compensated geometry. This effect is described in detail in 
Chapter 4.2.2. 
The maximum flow force acting on two control edges of the sleeve can be estimated to 
100 N at the flow of 75 l/min. According to the data sheet of the valve, the maximum flow 
is limited to 75 l/min for higher pressure differences due to saturation effects of volume 
flow (i.e. resistances of valve housing). As flow force depends on volume flow, it can be 
figured out that the overall maximum flow force is restricted to 100 N at higher pressure 
differences. 
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Figure 3-6: Flow rate and flow forces at a single control edge 
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Mechanical connection design 
After the maximum flow force has been estimated, the integration of a piezo-actuator into 
the valve will be considered. Two different approaches for the connection between sleeve 
and piezo-actuator are introduced in Figure 3-7. The first approach implies a form-locked 
connection. Here, the sleeve is bolted to the actuator via a flexible tip and is actuated by 
the piezo-stack in both directions. The flexible tip should reduce bending moments acting 
on the piezo-actuator due to misalignment of actuator and sleeve. The second approach 
implies a force-locked connection. Here, the sleeve is pushed by the piezo-actuator in one 
direction only and retracted by plate springs. During the expansion of the piezo-actuator, it 
works against the stiff plate springs. This leads to a stroke reduction of the actuator. To 
decouple torsion and bending moments from the actuator a ball tip can be applied. 
 
Figure 3-7: Force-locked vs. form-locked connection of sleeve and piezo-actuator 
Table 3-2 presents the expected advantages and disadvantages of these approaches. 
 form-locked connection force-locked connection 
advantages no stroke reduction of piezo-actuator no torsion and bending of piezo-actuator 
disadvantages 
axial stiffness reduction (approx. 
10 %) between piezo-actuator and 
sleeve due to flexible tip; exact 
concentricity between piezo-actuator 
and sleeve is needed 
stroke reduction (approx. 10 %) of 
piezo-actuator due to plate springs 
Table 3-2: Advantages and disadvantages of connection design 
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The spool is joined to the linear force motor by a form-locked connection. This link 
remains unmodified, as in the conventional valve, in the design of the hybrid valve. 
The first prototype of the hybrid valve was built with a form-locked connection between 
sleeve and piezo-actuator. Unfortunately, the prototype showed an essential reduction of 
piezo stroke. In spite of the flexible tip, high friction forces between sleeve and valve 
housing arose due to a misalignment between piezo-actuator and sleeve because of 
manufacturing inaccuracy. This was the reason, why the second hybrid valve prototype 
was built with a force-locked connection. 
Plate spring design 
Actuator stroke reduction due to the spring force has to be considered in the design of the 
force-locked connection between spool and piezo-actuator. At the same time, the stiffness 
of the plate spring has to be high enough to achieve a natural frequency of the total 
dynamic system far beyond the maximum operating frequency /Dre06/. For the design of 
the plate spring a transfer function of the dynamic mechanical system consisting of piezo-
actuator, ball tip, adapter, sleeve and plate spring has to be analysed. Figure 3-8 shows the 
mechanical system and its simplification to a single spring-damper-mass. 
 
Figure 3-8: Simplification of mechanical system 
The piezo-actuator can be modelled as a low damped spring-mass with an effective 
dynamic mass of mpiezo,dyn., which is 1/3 of the mass of the piezoceramics mpiezo /PI09/. The 
effective dynamic mass is excited by an electrically generated excitation force Fpiezo,exc.. 
The internal preload spring of the actuator is neglected. For simplification of the model all 
the springs except cpiezo and cspring are assumed to be infinitely stiff and all the dampers 
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possess infinitely small damping coefficients. The total damping dtotal is caused by a 
hydrodynamic friction force at the sleeve. The Coulomb friction force and the flow forces 
at the sleeve are neglected. With these assumptions the differential equation of the sleeve 
movement can be written as: 
exc.piezo,totaltotaltotal Fycydym 	   eq. 3-1 
The excitation force Fpiezo,exc. can be assumed to be a harmonic force: 
 tFF cosˆ exc.piezo,exc.piezo, 	  eq. 3-2 
The total mass of the dynamic system mtotal can be estimated by: 
springsleeveadapt.tipballpiezototal 3
1
3
1 mmmmmm 	  eq. 3-3 
The total damping coefficient of the system dtotal can be calculated as the ratio of maximum 
hydrodynamic friction force Ffricition,hydrodyn.max. to maximum speed of the sleeve .maxy : 
.max
max.hydrodyn. friction,
total y
F
d

	  eq. 3-4 
The hydrodynamic friction force is caused by shear stress  of the fluid at the contact 
surface AC between sleeve and fluid due to dynamic viscosity . Assuming a linear velocity 
profile of the fluid in the radial clearance Z between sleeve and valve housing as well as 
between sleeve and spool, the hydrodynamic friction force can be written as: 
 
CCC AZ
yA
dz
zydAF  .maxmax. hydrodyn. friction,

 			  eq. 3-5 
With radial clearance Z of 10 μm, dynamic viscosity of 0.0398 Ns/m2 and contact surface 
AC of 3307 mm2 the viscous damping coefficient dtotal is calculated to 13.2 Ns/m. 
The total stiffness of the system ctotal is: 
springpiezototal ccc 	  eq. 3-6 
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After changing eq. 3-1 into the form: 
 t
m
F
yyDy  cos
ˆ
2
total
exc.piezo,2
00total 	   with 
total
total
0 m
c
	  eq. 3-7 
the transfer function VT of the dynamic system is given by: 
   2Ttotal22Ttotalexc.piezo,
T
21
1
/ˆ
ˆ
 DcF
yV

		  with 
0
T 
 	  eq. 3-8 
In the next step a piezo-actuator with a nominal stroke of L0 = 90 μm at the maximum 
voltage of + 100 V is selected. The piezo-actuator is a low voltage, mechanically preloaded 
stack actuator (P-843.60) by PI /PI08/ with the maximum push and pull force of 800 N and 
300 N, respectively. The maximum force of the piezo-actuator is also referred to as 
blocking force Fblocking. The stiffness of the actuator can be calculated as: 
0
blocking
piezo L
F
c   eq. 3-9 
Assuming the total dynamic mass mtotal to be 50 g and neglecting the stiffness of the spring 
cspring for the first attempt, damping ratio Dtotal becomes approx. 0.01. The transfer function 
of the sleeve actuation is plotted in Figure 3-9. 
 
Figure 3-9: Transfer function of mechanical system 
For an overshoot of 25% the ratio T of the excitation angular frequency 	 to the natural 
angular frequency 
0 should be less than 0.45. Consequently, for excitation frequency f of 
1 kHz the natural frequency of the dynamic system should be: 
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kHz2.2
45.0
kHz1
T
0 			
ff  eq. 3-10 
Finally, combining eq. 3-6 and the equation of the natural angular frequency in eq. 3-7 the 
required stiffness of the plate spring can be calculated according to: 
  N/μm9.02 piezototal20spring 		 cmfc   eq. 3-11 
Two plate springs in parallel with total stiffness cspring of 1 N/μm and mass mspring of 2 g are 
selected for further design of the valve. In conclusion of this design, the natural frequency 
of the spring is calculated to: 
kHz2.2kHz3.6
3
12
1
0
spring
spring
0spring 			 f
m
c
f

 eq. 3-12 
In order to avoid a decoupling of the sleeve from the spring during the contraction of the 
piezo-actuator, the natural frequency of the spring f0spring should be higher than the natural 
frequency of the whole dynamic system f0. 
Figure 3-10 shows a measurement of frequency response of the system consisting of 
piezo-actuator, ball tip, adapter, sleeve and plate springs. The piezo-actuator is driven in an 
open-loop control by a sine-sweep current signal with an increasing frequency from 10 Hz 
to 5 kHz at a small signal amplitude. The natural frequency of 2.2 kHz can be identified in 
this measurement which corresponds to the theoretically calculated value. A higher 
damping of the real system is observable in this measurement due to the internal damping 
of the mechanical parts which has been disregarded in the theoretical analysis. 
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Figure 3-10: Frequency response of mechanical system 
Piezo-actuator and position sensors 
The last question to be answered is which stroke the actuator can achieve while working 
against the springs and flow forces. Figure 3-11 presents ideal force-stroke characteristics 
of piezo-actuator and plate springs. Due to the spring force Fspring, the piezo-actuator 
reduces its stroke by LRFspring. If there is no flow force, the actuator can achieve the 
maximum stroke of 80 μm. Additional flow force of Fflow = 100 N results in further stroke 
reduction by LRFflow of 10 μm, so that the theoretical maximum stroke has to be assumed 
to be 70 μm in the worst case. Altogether, due to external forces, the nominal stroke of the 
piezo-stack is reduced by 22%. 
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Figure 3-11: Force-stroke-diagram 
To sum up, the selected piezo-actuator is able to drive the sleeve at a stroke of 7 % of the 
spool stroke in the worst case of valve operation. 
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Figure 3-12 shows a cross-sectional view of the CAD-model of the hybrid valve. The 
piezo-actuator is mounted via thread into an extension to the original valve housing and is 
fixed by a counter nut. A mounting spring secures the definite position of the actuator 
within the thread. A membrane sealing protects the actuator from contact with water in the 
oil, as this type of piezo is hydrophobic. A ball tip is mounted on the actuator head and an 
adapter connects the ball tip with the sleeve. The ball tip and the adapter are hardened to 
avoid wear at the contact point of these parts. The sleeve is retracted by two parallel plate 
springs which were sized before. 
 
Figure 3-12: CAD-model of the hybrid valve 
The piezo-actuator has an integrated position sensor. The sensor is a Wheatstone bridge 
consisting of strain gauges bonded to the piezoceramics. The sensor has a high resolution 
and dynamics within the complete stroke of the actuator. 
Figure 3-13 shows the parts of the disassembled hybrid valve prototype. All the parts of 
the prototype except for the original valve parts were manufactured at IFAS. 
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Figure 3-13: Disassembled hybrid valve prototype 
Zero-point of the valve 
For a proper operation of the valve it is essential that its mechanical, hydraulic and 
electrical zero-points coincide. The mechanical zero-point implies an absolute position of 
the spool at which the centring springs of the linear force motor are not strained, and an 
absolute position of the sleeve at which the plate springs are compressed to half of the 
maximum spring deflection. The hydraulic zero-point is a relative position of spool and 
sleeve to each other at which the pressure in blocked control ports A and B is equal. The 
electrical zero-point is a setting of position sensors at which the output of the sensors is 
0 V. Different possibilities of adjustment are implemented in the valve design to achieve a 
match of hydraulic, mechanical and electrical zero-point. 
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Figure 3-14: Hybrid valve prototype and conventional valve 
Figure 3-14 shows the conventional valve in the foreground and the hybrid valve 
prototype in the background. 
3.3 Valve control 
The position control loops of linear force motor and piezo-actuator are presented in Figure 
3-15. One of the main features of the hybrid valve control are two command signals which 
should be generated by a primary control of the cylinder drive (position, velocity, force or 
pressure control). 
The control of the piezo-actuator allows for dynamic and static operation. The static 
operation is needed to investigate static characteristics of the valve in terms of flow curve 
and pressure curve, where a slow movement of the spool and the sleeve is required. The 
piezo-actuator of the hybrid valve is driven by the SL200 amplifier by ScienLab /Rei07/, 
/Slab08/. Depending on the input signal frequency, the amplifier operates as a voltage 
source for low frequencies and as a current source for high frequencies /Dör04/. 
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Figure 3-15: Position control loops of linear force motor and piezo-actuator 
The loop consists of a P-controller for current and an I-controller with anti wind up and 
feed forward control for voltage. Thus, the position error of the actuator is compensated by 
a fast current control, whereas a relatively slow voltage control compensates the rest of the 
error and can hold a static position of the piezo-actuator. A rate limiter in the current signal 
line limits the acceleration of the system consisting of piezo-actuator, ball tip, adapter, 
sleeve and plate springs to admissible values. 
In order to avoid a negative voltage during a dynamic contraction of the piezo-actuator, its 
static operating point is set to half of the maximum voltage. This can be achieved by 
applying an offset yPmax/2 to the command signal. This operating point should correspond 
to the hydraulic zero-point of the valve. A dynamic current charges (positive current) the 
actuator from the operating point to the maximum voltage or discharges (negative current) 
it to 0 V. However, the primary control can generate too high or too low static command 
signals yPcommand which would shift the operating point and, consequently, restrict the 
working range of the actuator. To avoid this shift, the command signal of the piezo-
actuator should be processed by a high pass filter. The high pass filter secures that the 
actuator returns to its middle position at a steady-state condition and is able to work in both 
directions from this operating point. The introduced control loop is implemented on a 
dSPACE DS1103 PPC controller board /Dsp08/ and operates at a sampling rate of 10 kHz. 
A piezo-actuator is a capacitive load for electrical power supply. The maximum current 
IP max, which is required for a sinusoidal operation, can be calculated /PI09/: 
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fUCI pp Pel.max P 	  eq. 3-13 
With electrical capacitance Cel. of 16.8 μF, peak-to-peak voltage UPp-p of 100 V and 
operating frequency f of 1 kHz the maximum current amplitude can be estimated to 5.3 A. 
The amplifier is able to supply 5 A. The time constant of the amplifier is considerably 
lower than the time required to charge the piezo-actuator. 
Figure 3-16 shows a step response of the sleeve, driven by the piezo-actuator, in a closed-
loop position control without the high pass filter of the command signal. The capability of 
the amplifier in terms of current is fully exploited to achieve the high response. 
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Figure 3-16: Full range step response of piezo-actuator 
The linear force motor of the hybrid valve is controlled by a PID-controller which runs on 
an on-board microprocessor (μP). The digital signal processor (DSP) processes a position 
signal from the LVDT and drives the power electronics of the linear motor by PWM 
(Figure 3-2) /Boe03/. 
3.4 Valve performance 
In this chapter static and dynamic characteristics of the hybrid valve are shown and 
compared to the performance of the conventional valve D636. All measurements have been 
carried out according to the international standard of test methods for four-way directional 
flow control valves /ISO 10770/. The most important static characteristics imply flow 
curve, pressure curve and internal leakage. Dynamic characteristics include step response 
and frequency response of the valve. Figure 3-17 presents the circuit of the test-rig for 
these measurements. Ports P, B, A and T form the hydraulic interface of a tested valve. 
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Directional control valves 1 to 5 offer different configurations of the test-rig for the 
measurement of flow curves and pressure curves of a single or both control edges of the 
tested valve. Servovalve 6 allows to control the pressure difference between port P and 
every other port. Thus, it is possible to keep the pressure difference constant during 
measurement of flow curves. 
 
Figure 3-17: Circuit of the test-rig for valve measurements 
3.4.1 Static performance 
Figure 3-18 presents the flow curves of the conventional valve and the hybrid valve at a 
constant pressure difference of 35 bar across each control edge for a command signal of 
100 % (left) and approx. 10 % (right). A flow curve shows which volume flow can be 
achieved by a valve at a certain opening and pressure difference. A flow sensor with a 
measurement range up to 4 l/min is used to achieve a good resolution of measurement for a 
command signal of 10 %. 
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Figure 3-18: Flow curves of conventional and hybrid valve 
Table 3-3 summarises the strokes of the actuators in micrometer and in percent during the 
measurements of the flow curves. 
 conventional valve hybrid valve 
command signal ±100 % ±10 % ±100 % ±9.3 % 
linear force motor ±500 μm ±50 μm ±500 μm ±25 μm 
piezo-actuator - - ±40 μm ±25 μm 
total valve opening ±500 μm ±50 μm ±540 μm ±50 μm 
Table 3-3: Actuator stroke during measurement of flow curves 
The nominal flow rate of the conventional valve is 37.5 l/min at a spool stroke of ±500 μm. 
As expected, the maximum nominal flow rate of the hybrid valve is 8 % higher because of 
the comparable increase in the total opening of the valve. Due to a precise position control 
of the piezo-actuator and its fine resolution, a smaller hysteresis of the hybrid valve can be 
seen for a small command signal. In general, the smaller the hysteresis of a control valve, 
the higher becomes the precision of pressure, velocity and position control of a cylinder 
drive /Göt99/. 
Figure 3-19 presents the pressure curves of the conventional valve and the hybrid valve at 
a supply pressure pP of 140 bar. A pressure curve shows which pressure difference between 
port A and B can be achieved at a certain valve opening. 
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Figure 3-19: Pressure curves of conventional and hybrid valve 
The pressure curve of the hybrid valve exhibits a smaller hysteresis. However, it possesses 
a smaller slope in the region of hydraulic zero-point. This slope determines the pressure-
stroke gain Vpy of the valve. Generally, a high pressure-stroke gain of the control valve is 
advantageous for achieving a high load stiffness of the drive (q.v. Chapter 2.2.2). 
The internal leakage (from port P to T) of the conventional valve is measured 0.4 l/min at a 
supply pressure of 140 bar. Due to an additional leakage between the moving sleeve and 
valve housing, the internal leakage of the hybrid valve is measured 1 l/min. The higher 
leakage of the hybrid valve is the reason for its lower pressure-stroke gain. 
3.4.2 Dynamic performance 
For evaluation of the dynamic performance step and frequency responses are measured. To 
define the terms used in this work a common step response of an under-damped system is 
presented in Figure 3-20. 
 
Figure 3-20: Step response 
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During the dynamic measurements port A and B are closed, and the supply pressure is set 
to 140 bar. Figure 3-21 shows step responses of the spool, which is driven by the linear 
force motor, and the sleeve, which is driven by the piezo-actuator, at different amplitudes 
of the command signal (10, 25, 50, 75 and 100 %). The high pass filter for the command 
signal of the piezo-actuator is disabled in these measurements (q.v. Figure 3-15). 
 
Figure 3-21: Step responses of linear force motor with spool and piezo-actuator with 
sleeve 
The rise time of the piezo-actuator with sleeve is less dependent on the signal amplitude 
than the particularly non-linear characteristics of the linear force motor with spool. The 
maximum velocity of the motor driven-spool is approx. 75 mm/s, whereas the maximum 
velocity of the piezo-actuated sleeve is measured 220 mm/s. The average delay time of the 
linear force motor with spool is 1 ms, and that of the piezo-actuator with sleeve is 0.1 ms. 
Figure 3-22 presents frequency responses of both actuators with attached spool and sleeve 
at different amplitudes of the command signal. Measuring conditions are the same as those 
of the step responses. The actuators are excited with a sine-sweep signal at 5 and 90 % of 
their nominal strokes. Command and actual position signals are acquired during the 
measurements and form the data of the time domain. Then the data of the time domain is 
transformed to the frequency domain by means of FFT /Agi00/. The result of the FFT-
calculation is an amplitude ratio and a phase lag which are usually presented versus 
logarithmic frequency in a Bode magnitude plot. Here, the amplitude ratio gives a ratio of 
the actual position value (output signal) to the command position value (input signal) in 
decibel. The phase lag shows how much delay between command and actual signal is 
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caused by the system. Characteristic values of control valves are frequencies corresponding 
to an amplitude ratio of 3 dB and to a phase lag of 90°. 
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Figure 3-22: Frequency responses of linear force motor with spool and piezo-actuator 
with sleeve 
Here, non-linearity of the linear force motor with spool can be observed again. In contrast 
to this, the piezo-actuator with sleeve shows nearly the same performance regardless of 
signal level in the considered frequency range. 
Table 3-4 summarises the dynamic characteristics of the spool and sleeve actuation. 
 
delay 
time 
[ms] 
max. 
velocity 
[mm/s] 
3 dB-
frequency 
[Hz] 
90°-
frequency 
[Hz] 
transfer 
behaviour 
spool actuation by 
linear force motor 1 75 
258 
(±25μm) 
200 
(±25μm) non-linear 
sleeve actuation by 
piezo-actuator 0.1 220 
620 
(±36μm) 
850 
(±36μm) linear 
Table 3-4: Dynamic characteristics of spool and sleeve actuation 
3.5 Evaluation of directly operated piezo-servovalve 
The directly operated piezo-servovalve, also referred to as the hybrid valve, is 
characterised by a new simple concept of a sleeve actuation additionally to the common 
spool actuation. In order to increase the valve dynamics, a piezo-actuator is used as a 
sleeve drive. Due to the small nominal stroke of the piezo-actuator (±45 μm) and stroke 
reduction because of flow forces (max. 100 N) and spring forces (max. 80 N) a sleeve 
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stroke of approx. 10 % of the nominal spool stroke (±500 μm) can be achieved. However, 
the small stroke of the sleeve is sufficient to provide a cylinder drive with additional 
dynamic flow and to improve its reference and disturbance response (q.v. Chapter 5). 
Whereas the hybrid valve shows a smaller hysteresis of volume flow at a small amplitude 
of command signal, its pressure-stroke gain is 30 % less than that of the conventional valve 
due to a 60 % higher internal leakage. This deficiency is compensated by the higher 
dynamics of the hybrid valve. The measurements of the dynamic characteristics show an 
advancement of the delay time by a factor of 10 and an enhancement of the 90°-frequency 
by a factor of 4 at a small stroke. Besides, the introduced piezo-actuator possesses a 
predominantly linear transfer behaviour which simplifies its position control. 
Further investigations of endurance limit of the used piezo-actuator type in a close to 
reality operational environment of the valve (different hydraulic oils, temperature, 
vibration, shock etc.) are recommended. The investigations of the endurance limit should 
concern not only the piezoceramics but also the integrated position sensor of the actuator. 
RPS could be used to measure the valve opening directly according to concept (c) (q.v. 
Figure 3-1) instead of two APS at each actuator. This would eliminate eventual errors of 
position measuring of the attached spool and sleeve due to the compliance of connection 
joints. Moreover, this could reduce an eventual electrical drift of two sensors to a drift of a 
single sensor. However, the proposed RPS should fulfil the requirements of high dynamics 
and outstanding resolution within 10 % of its measuring range, which is the region of 
piezo-actuator stroke. 
Function integration could be achieved not only within the sensors but also in the force-
locked connection of the sleeve and the piezo-actuator. A commercially available piezo-
stack usually possesses an internal preload spring which protects the ceramics from 
excessive pulling forces arising from a high acceleration. During an expansion of the 
piezo-actuator in the hybrid valve, it works against its internal spring and the external plate 
springs which are responsible for sleeve retraction. Instead of that, the external springs 
could be designed so, that they fulfil both the preload function and the retraction function. 
This would result in less stroke reduction of the piezo-actuator. 
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4 Development of pilot operated piezo-servovalve 
The development of the hybrid valve showed that a piezo-actuator as a direct drive of the 
valve is able to improve the valve response in a limited signal range only. This can be 
exploited to increase a disturbance rejection of a cylinder drive. However, to improve the 
reference response of the cylinder drive, high valve dynamics for a large valve stroke is 
needed. Therefore, the small stroke of the piezo-actuator should be amplified mechanically 
or hydraulically. Here, the amplification will be realised hydraulically by means of a pilot 
stage. 
At first, the concept of the valve is described and different types of pilot valves and their 
combinations for the pilot stage are considered. Then, the optimum design parameters are 
derived with the help of a linear model of the valve. The obtained parameters set the 
requirements for the design of a pilot valve which proceeds at the next step. After 
dimensioning, manufacturing and testing of the pilot valves, they are connected to a pilot 
stage which is integrated into the main stage of a commercially available control valve. 
Next, the design of the internal control of the valve is discussed. Finally, the performance 
of the valve is evaluated in static and dynamic measurements and compared to that of the 
state of the art valve. 
4.1 Valve concept 
The pilot operated piezo-servovalve should consist of a conventional hydraulic main stage 
of a four-way control valve and a new piezo-driven pilot stage /Rei06a/. In contrast to the 
state of the art flapper-nozzle pilot stage with two constant and two variable flow resistors 
(nozzles), the new piezo-driven pilot stage should possess four variable flow resistors 
(pilot valves). Each flow resistor should be able to change its resistance value by means of 
fast piezo-actuator. Figure 4-1 clarifies the difference between the common flapper-nozzle 
pilot stage on the left and the new pilot stage on the right. 
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Figure 4-1: Common and piezo-driven pilot stage 
In the conventional pilot stage an electrical current generates a proportional torque in a 
torque motor which is connected to a flapper. Due to this torque, the flapper starts closing 
one of the nozzles (B2) and opening another one (A2), thus, increasing pressure pPB and 
decreasing pressure pPA. This pressure difference drives the spool of the main stage to the 
left, connecting port P to A and B to T. While moving to the left, the spool causes a 
counteracting torque on the flapper via a cantilever spring. Once an equilibrium of the 
torques is achieved, the flapper moves to its centre position, so that the pressures pPB and 
pPA are equal, and the spool of the main stage stops moving. This principle was mentioned 
as torque feedback principle in Chapter 2.1 (q.v. Figure 2-5). By reversing the current 
direction, the spool is deflected to the right. Thus, the spool is driven in closed-loop 
mechanical-hydraulic position control, and the position of the spool is proportional to the 
electrical command signal. 
The principle of operation of the new pilot stage can be described in the following way: an 
amplified electrical control signal charges actuators B1 and A2 and opens the 
corresponding pilot valves. At the same time, actuators A1 and B2 contract and close the 
attached pilot valves. This results in an increase of pressure pPB and a decrease of pPA. The 
pressure difference drives the spool of the main stage to the left, connecting port P to A 
and B to T. As there is no mechanical feedback, the position control loop of the spool 
should be closed electrically. For this reason, a position sensor measures the actual stroke 
of the spool and transmits it to a controller. The controller compares the actual position to 
the command position of the spool and generates control signals for the piezo-actuators 
which eliminate the position error. This design was mentioned as electrical feedback 
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principle in Chapter 2.1 (q.v. Figure 2-5). The electrical position control loop secures an 
exact proportionality of the actual position to the command position of the spool. 
An important design feature, which needs to be determined during the conception stage, is 
the type of flow resistor which should be used in the pilot stage. In general, hydraulic 
resistors can be distinguished in sharp-edged orifices (turbulent resistors) with 
predominantly turbulent flow characteristics or gap-shaped laminar resistors with primarily 
laminar flow characteristics. Turbulent flow is dominated by inertia forces and 
characterised by irregular, erratic, eddy-like paths of the fluid particles. In laminar flow 
viscosity forces prevail resulting in an orderly, smooth, parallel line motion of the fluid 
particles /Mer67/. Figure 4-2 shows typical geometries and the corresponding relations 
between specific values of flow (Q/Q0), pressure difference (p/p0) and resistor opening 
(h/h0) for turbulent and laminar resistor /Bac74/. 
 
Figure 4-2: Turbulent and laminar resistor /Bac74/ 
Here, reference flow Q0 is the flow through the resistor at an opening of h0 and a pressure 
difference of p0. Specific flow derivative with respect to a positive specific opening yields 
a sensitivity of flow change due to a change in specific resistor opening: 
turbulent resistor sensitivity: 
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Plots of eq. 4-1 and eq. 4-2 are shown in Figure 4-3. 
 
Figure 4-3: Flow sensitivity with respect to opening in turbulent and laminar flow 
resistor 
It can be seen that a laminar resistor is characterised by a higher flow sensitivity in every 
point of operation. On the one hand, the higher sensitivity leads to a larger pilot flow and a 
faster pressure change in a pilot stage chamber. On the other hand, it causes a significant 
change of the flow due to a zero-point shift of the resistor. The latter fact can easily lead to 
a distortion of the full bridge of laminar resistors. Moreover, laminar flow is dependent on 
viscosity and, consequently, on temperature of the fluid. Finally, the design of a laminar 
resistor requires manufacturing of two aligned surfaces which is more expensive than 
manufacturing of a sharp-edged contact of a turbulent resistor. For these reasons, a 
turbulent resistor is selected for further design of the pilot stage. 
The use of four variable pilot flow resistors should provide the main stage of the valve 
with the highest amplification of hydraulic power. MURRENHOFF gives an overview of 
characteristic diagrams for different combinations of turbulent resistors which drive a 
cylinder piston /Mur08/. Substituting the cylinder piston by the spool of the main stage, the 
diagrams are applicable for describing the amplification of flow and pressure within a pilot 
operated valve. Figure 4-4 shows the hydraulic circuits of a flapper-nozzle pilot stage and 
the new piezo-actuated pilot stage as well as the corresponding diagrams of specific load 
flow QPL/Q0 and specific load pressure difference pPL/p0 versus specific opening of the 
pilot stage h/h0. The diagrams are valid for pilot stages with underlap h0. 
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Figure 4-4: Flow and pressure amplification of considered pilot stages /q.v. Mur08/ 
Reference variable Q0 is the no-load flow through the pilot stage at opening h0: 
2
0
00
phBQ 

	  eq. 4-3 
With orifice flow coefficient B according to eq. 4-15. 
The load pressure difference pPL is defined in this case: 
PBPAPL ppp 	  eq. 4-4 
The slopes of the curves in the hydraulic zero-point (h/h0 = 0) are referred to as flow and 
pressure gains of the pilot stage, respectively. It can be calculated that the gain of the 
piezo-actuated pilot stage is double the gain of the flapper-nozzle pilot stage. The use of 
the highest hydraulic power amplification, on the one hand, and fast piezo-actuators, on the 
other hand, should provide the valve with high dynamics. 
4.2 Valve design 
An example for a conventional four-way servovalve with a flapper-nozzle pilot stage is 
shown in Figure 4-5. The main stage consists of a spool and a sleeve. The pilot stage can 
be supplied by port P of the main stage or by a separate port X. The return line of the pilot 
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stage is connected to the return line of the main stage (port T). In modern servovalves the 
mechanical feedback of the spool position through the cantilever spring is supported by the 
electrical feedback through a position sensor. The electrical feedback improves valve 
hysteresis as a result of compensating friction and backlash of the mechanical feedback. 
 
Figure 4-5: Design of conventional pilot operated valve 
A conceptual design of the pilot operated piezo-servovalve is presented in Figure 4-6. It is 
based on the main stage of the conventional valve. The required four variable turbulent 
flow resistors are represented by piezo-actuated pilot seat valves. The pilot valve design is 
presented in detail in Chapter 4.2.2. 
 
Figure 4-6: Conceptual design of pilot operated piezo-servovalve 
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In the state of the art servovalve with a flapper-nozzle pilot stage, contamination of two 
constant nozzles can be critical in case of inappropriate filtering of the oil. The piezo-
servovalve is expected to be less contamination-prone due to a forceful actuation of all the 
pilot valves, so that the contaminative particles can be sheared and washed out of the pilot 
valves. 
4.2.1 Definition of optimum design parameters 
Generally, the driving force of the main stage spool increases for a larger spool frontal area 
A providing the spool with a higher acceleration. At the same time, this area enlarges dead 
volume V of the pilot stage chambers which slows down pressure change and decreases the 
valve dynamics. Moreover, the larger spool frontal area requires more pilot flow to achieve 
sufficiently high velocity of the spool. However, a higher pilot flow causes higher power 
losses. These partly conflicting relations of the design parameters require finding an 
optimum with respect to the maximum amplitude of the main stage spool /Rei06/. 
General conditions and requirements for the design process are given by the supply 
pressure of the pilot stage p0 of 300 bar, the stroke amplitude of the pilot valves h0 of 
20 μm and the desired stroke amplitude of the main stage spool  of 1 mm at an operating 
frequency f of 1 kHz. Based on a sinusoidal motion of the main stage spool, its maximum 
velocity maxy  and acceleration maxy  can be calculated to: 
mm/s28.62ˆmax 		 fyy   eq. 4-5 
  22max mm/s394782ˆ 		 fyy   eq. 4-6 
The maximum efficiency of the pilot stage, which is represented in this case by a hydraulic 
full bridge, can be achieved for the optimum load pressure difference at the spool frontal 
areas pPL,opt. according to /Mur08/: 
0opt.PL, 3
2 pp 	  eq. 4-7 
Furthermore, neglecting friction forces and flow forces, the required spool frontal area A 
and the diameter Dmspool for a spool mass mspool of 7 g can be estimated to: 
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 eq. 4-8 
The spool frontal area defines the required maximum pilot flow QPL,max according to: 
l/min5maxmaxPL, 	 AyQ   eq. 4-9 
The main stage spool can be considered as a mass coupled to two springs in parallel which 
represent the pressurised oil volumes of the pilot stage chambers. Assuming a dead volume 
V of 550 mm3 and a bulk modulus of oil and tubes E´ of 16000 bar, the natural frequency 
of this mass-spring system can be estimated to: 
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 eq. 4-10 
The natural frequency of 2 kHz is considered here to be sufficiently higher than the desired 
operating frequency of 1 kHz. For the given spool mass mspool and bulk modulus E´ the 
natural frequency f0spool is plotted against the dead volume V and the spool diameter Dmspool 
in Figure 4-7 according to eq. 4-10. The dotted curve indicates the combinations of V and 
Dmspool which yield the natural frequency of 2 kHz and can be selected for the design of 
the valve. 
 
Figure 4-7: Relation of natural frequency, dead volume and spool diameter 
For a theoretical analysis of the spool stroke, which depends on dead volume, spool 
diameter and pilot flow at different operating frequencies, a mathematical model of the 
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piezo-valve should be considered. Figure 4-8 shows a model of the valve in which four 
separate pilot valves are represented by a single spool with four symmetrically underlapped 
control edges. The underlap size is set to the stroke amplitude of the pilot valve h0. 
 
Figure 4-8: Model of piezo-valve 
Orifice flows are given by the equations: 
  PA00PA1 pphhBQ 	  eq. 4-11 
  TPA0PA2 pphhBQ 	  eq. 4-12 
  PB00PB1 pphhBQ 	  eq. 4-13 
  TPB0PB2 pphhBQ 	  eq. 4-14 
with flow coefficient B: 

  22 DhrB 	  eq. 4-15 
The pilot flows for each side of the pilot stage are: 
PA2PA1PA QQQ 	  eq. 4-16 
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PB2PB1PB QQQ 	  eq. 4-17 
Neglecting the leakage flows in pilot and main stage, the pressure build-up equations are 
given by: 
 AyQ
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1
 eq. 4-18 
 AyQ
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1
 eq. 4-19 
Newton’s equation of motion for the main stage spool is: 
flowfrictionPLspool FFApym 	  eq. 4-20 
For further development of the model the flow equations are linearised for an operating 
point of: 
2
,0,0 0PBPAPLPBPA
pppQQQh 						  eq. 4-21 
The linearised equation of the load flow QPL yields: 
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	  eq. 4-22 
For further information on linearisation of load flow, it is referred to Chapter 2.2.2. 
Neglecting friction and flow forces and assuming equal and constant hydraulic 
capacitances EVC 	 /h  at each side of the pilot stage, the linear differential equation of 
the spool movement can be written as: 
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For a harmonic movement of the main stage spool  tyy sinˆ	  the movement of the 
pilot stage spool can be given by  ! 	 thh sin0 . With these equations eq. 4-23 can be 
transformed to: 
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eq. 4-24 
A vector diagram of eq. 4-24 gives the position amplitude of the valve : 
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	  eq. 4-25 
Substituting the formulae of VQh, VQp from eq. 4-22,   2spool4/ DmA 	 and f 2	  in 
eq. 4-25 and considering the mean pilot flow QPmean 
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phBQ 	  eq. 4-26 
from the supply to the return line at the defined operating point (q.v. eq. 4-21), eq. 4-25 
can be written as: 
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eq. 4-27 
Next, the position amplitude of the main stage spool  can be investigated as a function of 
operating frequency f and design parameters V, Dmspool and QPmean. The latter parameter 
implies dimensioning of the pilot valves. The amplitude of the spool position  is plotted 
versus the design parameters for different operating frequencies f in Figure 4-9. 
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Figure 4-9: Influence of design parameters on amplitude of spool position 
Each surface of Figure 4-9 consists of a family of frequency response curves for the 
linearised model of the valve in an open-loop control. In general, a decrease of amplitude  
can be observed at a higher operating frequency. The distortions of the surfaces are caused 
by the influence of the hydraulic natural frequency f0spool. As expected, a smaller dead 
volume V shifts the natural frequency towards higher values and causes more damping at 
the resonance (Figure 4-9 a). For given dead volume V and mean pilot flow QPmean there is 
an optimum spool diameter Dmspool for a maximum . However, the optimum diameter 
changes with increasing operating frequency. This relation is also determined by the 
resonance which increases for larger spool diameters leading to less amplification for a 
diameter size of more than 4 mm (Figure 4-9 b). Finally, for given values of dead volume 
V and spool diameter Dmspool a higher pilot flow QPmean leads to a larger amplitude  and 
mitigates the influence of the resonance (Figure 4-9 c). 
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Having analysed the transfer function of the piezo-valve, the dimensioning objectives can 
be formulated: 
 designing the dead volume as small as possible 
 choosing the optimum spool diameter taking into account a sufficiently high value 
of the natural frequency 
 defining the maximum mean pilot flow which is restricted by an allowable power 
loss 
These objectives will be accounted for in the following chapters. 
Summing up the theoretical analysis, with spool mass mspool of 7 g, dead volume V of 
550 mm3, spool diameter Dmspool of 4.2 mm, mean pilot flow QPmean of 2.5 l/min and 
supply pressure p0 of 300 bar, a position amplitude  of 1.2 mm can be calculated at an 
operation frequency f of 1 kHz. The natural frequency of the valve with these design 
parameters is 2 kHz. The nominal flow rate Qnominal at a pressure difference of pnominal of 
35 bar per control edge can be calculated according to: 
l/min502ˆ nominalspoolDnominal 	 
 pyDmQ  eq. 4-28 
4.2.2 Pilot valve design 
In order to reduce costs, piezo-actuators which are used in common rail fuel injectors of 
automobile diesel engines are chosen for the design of the pilot valves. All four pilot 
valves will be designed identically. Figure 4-10 presents the design of the piezo-actuator 
by Siemens VDO. 
 
Figure 4-10: Piezo-actuator design 
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350 thin piezoelectric plates and electrodes are stacked to a piezoceramic block and 
preloaded by a tube spring which prevents the stack from tensile forces. This assembly is 
mounted into a steel housing with an extremely low coefficient of thermal expansion. A 
connecting nut and an electrical plug complete the design of the actuator. The following 
table lists the main characteristic data of the piezo-actuator. 
nominal stroke 40 μm 
blocking force approx. 2 kN 
operating voltage 0…+160 V 
electrical capacity approx. 6.3 μF 
mass of piezoceramics 15 g 
mass of head plate 4 g 
mass of preload tube spring 3 g 
stiffness of preload tube spring 3.5 N/μm 
damped natural frequency 12 kHz 
dimensions of piezo-stack 7 x 7 x 30 mm 
operating temperature 40…+150°C 
Table 4-1: Characteristic data of piezo-actuator /Sch01/ 
In contrast to the design process of the hybrid valve, the piezo-actuators are specified at the 
beginning in this case due to their availability. Any load on the actuators due to static 
pressure, flow, damping and spring forces reduces the stroke of the pilot valves. For this 
reason, the load should be minimised as much as possible to exploit the full range of the 
piezo-actuator stroke. 
Besides stroke reduction, another undesired effect is leakage through the pilot valves 
which can slow down the pressure change rate in the pilot stage chambers. Therefore, 
poppet valves with their low leakage property are more appropriate than spool valves in the 
pilot stage. 
Due to the previous difficulties in manufacturing of the form-locked connection for the 
hybrid valve, the pilot valves will be designed with force-locked connections between 
piezo-actuators and plugs. The force-locked connection should be exposed to low pressure 
oil only, so that the piezo-actuator can be sealed from oil easily. 
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Next, it has to be decided whether the normal (i.e. switched off) condition of the pilot 
valve is open or closed. In case of a normally open poppet valve, the valve closes during 
actuation until the plug is pressed into the valve seat. However, as the plug is pushed by 
the piezo-actuator, it can damage the valve seat. This can happen in case of false 
adjustment of the distance between plug and valve seat. Hence, each pilot valve will be 
designed as a normally closed valve in which the sealing contact force between plug and 
seat is defined by the preload force of the return spring. 
The theoretical analysis of the transfer function for the pilot operated main stage was based 
on a mean pilot flow QPmean of 2.5 l/min at an opening h0 of 20 μm and a pressure 
difference p0/2 of 150 bar across each pilot valve (q.v. eq. 4-26). Higher mean pilot flow is 
not reasonable because of higher power losses of the pilot stage. Assuming a stroke 
reduction for the piezo-actuator of 5 μm, the hydraulic requirement on the pilot valve 
implies the maximum flow of 5 l/min at an actuator stroke of 35 μm and a pressure 
difference of 150 bar. The flow should be independent on pressure level, as the pilot valves 
operate between supply pressure and pilot chamber pressure as well as between the latter 
and return line pressure. The dynamic requirement on an operating frequency of 1 kHz is 
essential for the design of the return spring of the pilot valve. 
The following points summarise the main requirements on the design of the pilot valve: 
 minimisation of the load on the piezo-actuator 
 poppet valve design for minimized leakage 
 force-locked connection between actuator and plug 
 protection of the piezo-actuator from oil 
 normally closed valve 
 volume flow of 5 l/min at stroke of 35 μm and pressure difference of 150 bar 
 volume flow independent on pressure level 
 operating frequency up to 1 kHz 
 small dead volume of valve inlet and outlet 
The high pressure difference at the pilot valve can cause a significant static pressure force 
if the geometry of the valve is not pressure compensated. Static pressure compensation 
implies equal opposed areas of the mechanical parts of the switched off valve which are 
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subjected to the same pressure. Considering a normally closed poppet valve, there are two 
main different approaches to design a complete static pressure compensation. Figure 4-11 
shows these approaches in a lateral half-section. 
 
Figure 4-11: Static pressure compensation 
The static pressure compensation is achieved by equal areas A1 in the valve on the left of 
Figure 4-11. The sealing edge is on the plug, whereas the seat is on the guide of the valve 
(i.e. guide sleeve). The plug should be split into two parts in order to mount it in the guide. 
In the valve on the right of Figure 4-11 the arrangement of sealing edge and seat is 
reversed. Pressure forces are compensated due to the equal pairs of areas A2 and A3. In this 
approach the guide should be split into two parts for assembling reasons. Return lines pT 
drain the sealing gaps between plug and guide. 
Both approaches require precise manufacturing, especially of a split part, to guarantee low 
leakage through the seat and the annular sealing gaps between plug and guide. To meet 
narrow manufacturing tolerances, the contour of the split part should be finished in an 
assembled state. Here, the approach of the split plug is selected since its outer contour can 
be finished easier on the available machines than the inner contour of the split guide. 
Additionally, the concept of the split plug implies a smaller area in the region of the 
sealing edge (i.e. A1<A2+A3) which should result in a smaller stationary flow force. Apart 
from this, the pair of areas A3 in the concept of the split guide can cause high damping 
forces on the plug and reduce the dynamic performance. 
After the design concept of the pilot valve has been chosen, a pre-dimensioning can be 
carried out to determine initial values for the geometry parameters for further optimisation 
by means of CFD. With passage area AP, which depends on valve opening h, guide inlet 
angle g,in and diameter of the plug DmP: 
 g,ing,inPg,inP cossinsin """ hDmhA 	  eq. 4-29 
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flow through the pilot valve QP can be estimated according to the equation of orifice flow: 
 

 outinPDP
2 ppAQ 	  eq. 4-30 
Figure 4-12 shows the geometrical parameters on the left and the relation between flow QP 
and these parameters at valve opening h of 35 μm, pressure difference pin-pout of 150 bar 
and an assumed discharge coefficient D of 0.6 in the middle of the figure. The dotted 
curve indicates the combinations of plug diameter DmP and guide inlet angle g,in which 
correspond to the required flow of 5 l/min. This curve is displayed separately on the right 
for a wider range of DmP values. 
 
Figure 4-12: Pre-dimensioning of pilot valve 
It can be seen that a larger inlet angle leads to a smaller diameter. However, too large angle 
causes too small radial contact force between control edge and seat. Thus, an inlet angle of 
60° and a plug diameter of 7.8 mm are selected for further design of the pilot valve. 
Next, a design optimisation with respect to the reduction of flow forces is carried out by 
means of CFD. Before describing this design step, the origin of flow forces and measures 
of their reduction in pressure compensated hydraulic valves will be addressed. 
 
Figure 4-13: Control volume of spool valve 
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Considering a general case of flow Q through a pressure compensated spool valve with 
inlet jet angle in and outlet jet angle out (Figure 4-13), Newton’s second law and 
Reynolds’ transport theorem yield for a given control volume CV and control area CA of 
the fluid /Schr00/: 
  # 	
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  eq. 4-31 
Neglecting friction force and gravitational force on the fluid in the control volume, eq. 4-
31 can be written for the x-axis (q.v. /Schu05/): 
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The positive direction of angle  is defined in Figure 4-13. The spool acts on the fluid with 
a supporting force Fsupport. The reverse force to the supporting force is referred to as flow 
force Fflow consisting of a transient part and a steady-state part. 
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eq. 4-33 
Equation eq. 4-33 clarifies that in case of a common geometry of a spool valve with out=0° 
the steady-state flow force acts in closing direction of the valve. 
The transient flow force acts on the spool as a result of the fluid acceleration within the 
valve chamber. Assuming a harmonic motion of the spool, the maximum of the flow 
derivative can be estimated as: 
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 eq. 4-34 
The maximum transient force for the pilot valve with chamber length l of 10 mm, oil 
density  of 859 kg/m3, flow amplitude Qˆ  of 2.5 l/min and operation frequency f of 1 kHz 
can be calculated to 2 N and can be neglected in the following. 
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The reduction of steady-state flow forces in hydraulic valves has been investigated in 
numerous works /Mer67/, /Bac90/, /Fei92/, /Lat96/, /Lin02/, /Schu05/. According to 
MERRIT and BACKÉ, the means of steady-state flow force reduction or compensation can 
be distinguished in three main approaches: 
 generating compensating steady-state flow forces in axial direction of the valve by 
means of jet guiding (jet guiding compensation) 
 preventing flow forces in axial direction by means of radial flow (radial flow 
compensation) 
 generating an additional pressure drop in the valve chamber (pressure drop 
compensation) 
Figure 4-14 gives some examples of valve design for different approaches. 
 
Figure 4-14: Means and examples of steady-state flow force compensation (q.v. /Schu05/) 
Jet guiding compensation implies the design of inlet and outlet angle of the oil jet to 
generate compensating flow forces. If the control edge is next to the inlet, the angles can 
be designed by the inclined surfaces of the plug (Figure 4-14, top left). In case of the 
control edge next to the outlet, recirculation of flow is necessary with a subsequent 
impingement on the inclined surface of the plug (Figure 4-14, bottom left). The 
recirculation can be achieved by the surfaces inside of the sleeve. The relevant surfaces are 
marked in the figure by grey spots. Because of a difficult manufacturing of the inner 
contour, the first case is usually preferred in practice. 
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Radial flow compensation requires sophisticated and expensive design to compensate static 
pressure forces (Figure 4-14, middle). Therefore, it is excluded from further 
considerations. 
Pressure drop compensation balances pressure decrease at the control edge with pressure 
increase through an additional resistance (Figure 4-14, right). However, this method 
increases the total resistance of the valve and can lead to a laminar, temperature dependent 
flow. 
Referring to the jet guiding compensation through plug geometry a specific steady-state 
flow force versus inlet and outlet jet angle is presented in Figure 4-15. The diagrams are 
plotted according to the steady-state part of eq. 4-33 for two different ratios of the velocity 
at inlet and outlet of the valve. The flow leaving the control volume at velocity vout and 
angle out contributes to the opening direction of the steady-state flow force. The flow 
entering the valve chamber at velocity vin and angle in generates a force component in 
closing direction of the valve. The analysis of these relations is rather qualitative. In order 
to obtain quantitative results, CFD should be involved. 
 
Figure 4-15: Theoretical steady-state flow force for jet guiding compensation 
The diagram on the left represents a theoretical case of equal inlet and outlet velocity of 
the flow. However, this velocity relation is untypical for flow through a valve, as, in 
general, the velocity at the control edge is considerably higher than that at the outlet. The 
diagram on the right stands for a more realistic case of velocity ratio. The diagram clarifies 
the reducing influence of the outlet jet angle out on the flow force for a higher velocity 
ratio. Thus, the flow force can be effectively reduced by a large (i.e. steep) inlet angle in. 
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The aim is to design the surfaces of plug and spool such, that the flow enters the valve 
chamber at the maximum possible steep angle. However, the inclination of the guiding 
surfaces is theoretically limited by an angle of 69° which is the angle of the free jet at a 
rectangular orifice calculated by Von Mises /Mer67/. In other words, beyond a surface 
angle of 69° the flow jet is expected to separate from the guiding surface. 
Other design recommendations by FEIGEL /Fei92/ and SCHUSTER /Schu05/ concentrate 
on jet guidance by means of a smooth contour of the plug geometry to achieve a high 
velocity at the outlet vout and, consequently, to obtain a higher compensating flow force in 
opening direction of the valve. 
After the jet guiding compensation has been discussed and selected for the implementation, 
the main aims of the design can be summarised by the following points: 
 steep inclination of surfaces of plug and spool at valve inlet 
 smooth, continuous contour of the plug geometry 
 small volume of the valve chamber 
 angle of 45° for the inclination of surfaces of plug and spool at valve outlet 
Further dimensioning of the valve geometry is supported by CFD. Due to the symmetry of 
the valve, its geometry model for CFD is reduced to a 1/8 fraction. The model is meshed 
with hexahedron elements considering a fine resolution of the orifice region. The 
simulation settings are similar to those listed in Table 3-1. Figure 4-16 shows a CFD-
model of the valve with calculated streamlines of the flow on the left and the valve 
chamber with the sealing edge on the right. The arrows indicate the flow direction. 
 
Figure 4-16: CFD-model of pilot valve 
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CFD simulation with a theoretically calculated plug diameter DmP of 7.8 mm (q.v. Figure 
4-12) yields a flow nearly double as high as the required pilot flow of 5 l/min at a pressure 
difference of 150 bar and a valve opening of 35 μm. The reason for this must be a gap-like 
geometry near the sealing edge, so that the valve becomes a combination of a turbulent 
orifice-like resistor and a laminar gap-like resistor. The equation of orifice flow eq. 4-30 is 
not applicable for this case. 
Figure 4-17 shows simulated flow-pressure curves at different temperatures and openings 
for a plug diameter DmP of 6 mm. The influence of a turbulent orifice flow can be 
recognised in a square root relation between flow rate and pressure difference. At the same 
time, the flow is dependent on temperature indicating to laminar characteristics of the 
resistor. 
 
Figure 4-17: Simulated flow-pressure curves of the pilot valve at different temperatures 
and openings 
Figure 4-18 displays simulated velocity and pressure contours inside of the valve chamber 
at a pressure difference of 150 bar and a valve opening of 35 μm. The velocity contours on 
the left of the figure show a well guided jet without separations from the plug. A steep jet 
angle at the inlet reduces the axial component of the flow force which acts in closing 
direction of the valve. However, the small stroke and the high pressure difference across 
the valve leads to a very high velocity at the inlet vin. The ratio of velocity values vin/vout 
can be estimated to 10 which leads to a limited compensation of the flow forces by means 
of jet angle at the outlet out (q.v. Figure 4-15). That is why the angles of the surfaces at the 
outlet are designed flatter (i.e. out > 45°) in order to reduce the total resistance of the 
valve. 
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Analysing the pressure contours, a local pressure increase can be found in the region of the 
radius of the plug next to the sealing edge. For better resolution the range of the displayed 
pressure values is restricted from 130 to 148 bar on the right of Figure 4-18. The pressure 
increase can be explained by the effect of pressure drop compensation. The small 
dimensions of the axial flow passage lead to an additional pressure drop within the valve 
chamber. This local pressure increase generates a force component acting in opening 
direction of the valve. 
 
Figure 4-18: Velocity and pressure contours 
The final geometry of the pilot valve and the main geometry parameters are shown in 
Figure 4-19. The parts of the split plug are connected via thread. The piezo-actuator 
pushes the plug against a membrane and opens the valve. The membrane retracts the plug, 
when the actuator contracts and, thus, closes the valve. 
 
Figure 4-19: Geometry of pilot valve 
Simulated and measured flow-pressure curves at a constant opening of 35 μm and different 
pressure levels are presented in the diagram on the left of Figure 4-20. Whereas the 
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simulation is calculated for a constant inlet and outlet pressure of 300 and 150 bar, 
respectively, during the measurements inlet pressure is increased for different constant 
outlet pressures. It can be seen that flow is independent on pressure level. The difference 
between simulation and measurements is caused by leakage from the inlet to the return line 
through the radial gap. The radial gap between plug and sleeve guide has not been 
considered in the CFD-model. 
The diagram on the right shows the simulated and measured steady-state flow force versus 
flow. The negative sign of the force indicates that the force acts in closing direction of the 
valve. The maximum force is 30 N which is sufficiently low for the piezo-actuator with a 
blocking force of 2000 N. 
 
Figure 4-20: Flow rate and flow forces of pilot valve 
The mechanical system of the pilot valve is similar to that of the sleeve actuation in the 
hybrid valve (q.v. Figure 3-8). Membrane dimensioning is carried out in the same way as 
the design of the plate springs in Chapter 3.2. The estimated damping ratio Dtotal of the 
pilot valve is 10 times lower than that of the sleeve actuation in the hybrid valve. Because 
of an expected higher amplification of the transfer function, the frequency ratio T is 
reduced to 0.15 (q.v. Figure 3-9). Consequently, the natural frequency f0 of the dynamic 
system should be 6.7 kHz according to eq. 3-10. Thus, the required stiffness of the 
membrane is calculated to 2.4 N/μm following eq. 3-11. 
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A fatigue endurable material Cu-Be-2 is chosen for the design of the membrane. With a 
thickness of the available raw material of 0.5 mm the stiffness of the membrane is 
calculated by means of structural finite-element analysis of ANSYS and amounts to 
3.7 N/μm. Thereby, the load of the plug contact is modelled as pressure acting on a narrow 
ring surface. The maximum stress of 531 N/mm2 arises at the restraint diameter and is 
sufficiently lower than the yield stress of the material of 1200 N/mm2 (Figure 4-21). 
 
Figure 4-21: Stress contours of loaded membrane 
The stiffness of the manufactured membrane is measured to be 3.1 N/μm. Finally, the 
natural frequency of the membrane f0spring is calculated to 15.4 kHz according to eq. 3-12 
which is well beyond the natural frequency of the total system of 6.7 kHz. Figure 4-22 
shows the complete pilot valve in a disassembled condition. The membrane is mounted in a 
membrane housing. 
 
Figure 4-22: Pilot valve 
Figure 4-23 presents frequency response of the system consisting of piezo-actuator, plug 
and membrane. The measurement is carried out at the pressure difference of 150 bar across 
the pilot valve. The piezo-actuator is driven in an open-loop control by a sine-sweep 
current signal with a growing frequency from 10 Hz to 1 kHz with a large signal 
amplitude. The induced electrical current is proportional to the command velocity of the 
valve. The actual velocity is measured by a laser doppler vibrometer which senses the plug 
through the hole of the membrane. The ratio of command to actual velocity, processed by 
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FFT, forms the amplitude of the frequency response. The frequency response shows no 
resonance in the frequency range up to 1 kHz, so that the dynamic requirement on the pilot 
valve is fulfilled. 
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Figure 4-23: Frequency response of pilot valve mechanical system 
4.2.3 Pilot stage design 
After designing and testing of a single pilot valve, two of the valves have to be combined 
to a hydraulic half bridge which forms one side of the pilot stage. The following points 
outline the main goals of the pilot stage design: 
 small dead volume of pilot stage chambers 
 adjustment of the pilot valves 
 integration of a position sensor for the main stage spool and a pressure sensor for 
each pilot stage chamber 
 coaxial direction of the pilot flow and the main stage spool to avoid spool rotation 
 straight connecting lines in order to facilitate manufacturing 
Figure 4-24 presents different design layouts of the hydraulic half bridge. The axis of the 
main stage spool is indicated in the middle of the block. The connecting lines are not 
displayed. The size of the dead volume depends on the distance between the pilot valves. 
This distance is determined in layout 1 by a relative large diameter of the connecting nut. 
According to layout 2 the valves can be arranged closer to each other, however, the size of 
block increases. Layout 3 results in the smallest dead volume V of 1373 mm3, so that the 
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desired dead volume of 550 mm3 (q.v. Chapter 4.2.1) cannot be realised in this case. 
Layout 3 is selected for further design of the piezo-servovalve. 
 
Figure 4-24: Design layouts of hydraulic half bridge 
The design and manufacturing are followed by the dynamic pressure measurements inside 
of the hydraulic half bridge. A high-response, small size pressure sensor XTL-190 by 
Kulite /Kul09/ is integrated in the pilot chamber of the half bridge (i.e. between the pilot 
valves) to sense the pressure pPA. The pilot valves of the half bridge are adjusted such, that 
the pressure pPA is symmetrical to the mean pilot pressure pPmean when the pilot valves are 
operated with sine-sweep signals at a phase shift of 180°. Mean pilot pressure pPmean is 
given by: 
2
TP
Pmean
ppp 	  eq. 4-35 
Figure 4-25 shows the pilot pressure pPA and the mean pressure pPmean of the half bridge at 
operating frequencies of the pilot valves from 10 to 800 Hz and a pilot supply pressure pP 
of 300 bar. The main stage spool is locked in place during the measurement. A symmetric 
pilot pressure with respect to the mean pressure can be seen in the figure. At the highest 
measured frequency of 800 Hz the amplitude of the pilot pressure is 50 bar which is 
considered to be sufficient to achieve a dynamic response of the main stage spool. 
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Figure 4-25: Pilot chamber pressure and pilot mean pressure 
Despite the symmetric pilot pressure, the main stage spool should be operated in closed-
loop position control to compensate for disturbing flow forces and inaccuracy of pilot 
pressure symmetry (q.v. Chapter 4.3). A LVDT-sensor of a conventional high-response 
servovalve can be used to sense the actual position of the main stage spool. The limiting 
frequency of the sensor of 7.5 kHz is significantly higher than the desired operating 
frequency of the valve. In order to minimize the dead volume of the pilot stage, the sensor 
should be arranged behind the pilot stage (q.v. Figure 4-6). A non-magnetic light-weight 
rod is used to connect the spool with the magnetic LVDT-core (Figure 4-26). The latter 
affects the transfer of current in the sensor coils (not depicted here) generating a signal 
proportional to the position of the core. 
 
Figure 4-26: Integration of position sensor 
After adjustment of the sensor electronics to the desired measurement range of approx. 
±1 mm, the sensor is tested with respect to linearity. The maximum linearity error is below 
8% (Figure 4-27). 
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Figure 4-27: Signal and linearity error of modified position sensor 
4.2.4 Complete valve design 
The main stage of a conventional high-response servovalve D765 by Moog with a spool 
diameter Dmspool of 6.6 mm has been chosen for further design of the complete valve. With 
spool mass mspool of 8.9 g and dead volume V of 1373 mm3 the natural frequency of the 
main stage f0spool can be calculated to 2.8 kHz according to eq. 4-10. 
Figure 4-28 presents a CAD-model and a longitudinal section of the complete valve. Both 
of the hydraulic half bridges are connected to the main stage forming a full bridge pilot 
stage. The torque motor is disconnected from the power supply. 
 
Figure 4-28: CAD-model of pilot operated piezo-servovalve 
Figure 4-29 shows the conventional valve in front and the piezo-servovalve prototype in 
the background. 
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Figure 4-29: Pilot operated piezo-servovalve prototype and conventional valve 
4.3 Valve control 
Figure 4-30 presents the position control loop for the main stage of the piezo-valve. The 
piezo-actuators are driven by the same amplifier which was used for the hybrid valve (q.v. 
Chapter 3.3). Constant voltage signal UPcommand of 80 V is applied to each actuator to set 
the operating point of every pilot valve to half of its maximum stroke. The dynamic current 
signal IPcommand is superimposed to the static voltage signal charging and discharging the 
piezo-actuators to 160 and 0 V, respectively. The command current signal is generated by a 
controller which processes the position error between command position ycommand and 
actual position yactual. Since one pair of pilot valves should be driven contrary to the other 
one, the sign of the corresponding current signal has to be reversed (i.e. multiplied by “-
1”). The control loop is implemented on a dSPACE DS1103 PPC controller board /Dsp08/ 
and operates at a sampling rate of 50 kHz. 
90  4 Development of pilot operated piezo-servovalve 
 
Figure 4-30: Position control loop of piezo-servovalve 
The next question to be answered is what type of controller has to be used in this case, and 
whether a feedback of spool position is sufficient, or spool velocity and acceleration have 
to be acquired and used for the feedback additionally. Freely accessible information on the 
position control of pilot operated servovalves is extremely scarce. HAGEMEISTER used a 
PI-controller with feedback of spool position in a pilot operated valve /Hag99/. A PID-
controller with position feedback is mentioned in the works of LINDEN /Lin02/ and 
GÖTZ et al. /Göt99/. However, the integral part of the PID-controller can lead to 
instability of the closed-loop control due to the integrative behaviour of the main stage 
(q.v. Chapter 5.2.1). At the same time, the integrator is required to compensate a steady-
state position error caused by a disturbance of the spool. The risk of instability can be 
alleviated by a switching integrator which is enabled within a certain band of position 
error. Thus, the integrator is activated when the actual position signal is close to the 
command signal, and the position error is below an outer limit value e0. If the position 
error falls below an inner limit ei, the integrator is disabled. Figure 4-31 demonstrates the 
structure of the switching integrator and the bands in which the integrator is enabled. 
 
Figure 4-31: Switching integrator in controller 
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A state controller with feedback of position, velocity, acceleration and further available 
state variables is regarded to be inappropriate for the piezo-valve. The reason for this is the 
relatively low natural frequency of the pilot-valves (approx. 6.7 kHz) with respect to the 
natural frequency of the main stage (approx. 2.8 kHz). The ratio of these natural 
frequencies amounts to 2.4. Considering the analogy of the pilot stage being a control 
valve and the main stage being a cylinder piston, the ratio of the natural frequencies should 
be more than 3 in order to take advantage of the state controller /Kle93/, /Die98/, /Mur08/. 
Apart from this, generation of state variables of good signal quality would complicate the 
control structure. 
A PPT1-controller can be a more appropriate choice for this task. According to the 
investigations on linear models for valve controlled hydraulic drives by ROTH /Roth83/, 
the highest open-loop gains can be achieved by the PPT1-controller for the case of 
comparable natural frequencies of valve (i.e. pilot stage) and drive (i.e. main stage). 
In contrast to the hybrid valve, the actuators of the pilot operated piezo-valve have no 
integrated position sensors. That is why they are driven in an open-loop control. 
Accordingly, the position error of the main stage spool is transferred to command current 
IPcommand by controller and amplifiers directly. Due to the fact that a piezo-actuator works 
as an integrator with respect to the applied current, it can be overcharged in this open-loop 
control. The consequence is that the controller has to account for the amplitude and the 
duration of the main stage position error. Figure 4-32 shows the non-linear controller 
which was developed for the position control of the main stage spool of the pilot operated 
piezo-valve. It is based on a linear PPT1-controller, in parallel with a D-controller and a 
switching integrator. Parameters KP, KPT1 and KD are varied according to the amplitude of 
the position error on-line via characteristic diagrams. The empirically obtained 
characteristic diagrams show that the controller parameters should be set to lower values at 
higher position error values e. Thus, the controller shows a heavily non-linear behaviour 
over its operating range. 
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Figure 4-32: Non-linear controller of pilot operated piezo-servovalve 
4.4 Valve performance 
In this chapter static and dynamic characteristics of the piezo-servovalve are shown and 
compared to the performance of the conventional pilot operated servovalve D765. The 
measurements are carried out on the test-rig according to Figure 3-17. 
4.4.1 Static performance 
Figure 4-33 presents flow curves of the conventional valve and the piezo-valve at a 
constant pressure difference of 35 bar across each control edge for a command signal of up 
to 100 % (left) and 10 % (right). The nominal flow rate of the conventional valve is 
40 l/min at a spool stroke of ±0.58 mm, whereas that of the piezo-valve amounts to 
35 l/min at a stroke of ±0.87 mm. 
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Figure 4-33: Flow curves of conventional valve and piezo-valve 
The difference in nominal flow rate of the valves is caused by the different orifice forms of 
the main stage. Whereas the conventional valve possesses annular orifices, the piezo-valve 
has segmental orifices resulting in a lower volume flow at the same valve opening and 
pressure difference. Figure 4-34 presents the different orifice geometries in longitudinal 
cuts at a single control edge. 
 
Figure 4-34: Orifice geometries of conventional and piezo-valve 
Despite the different orifice forms, both of the valves have equal spool frontal areas 
allowing for an adequate comparison of the dynamic performance. 
Figure 4-35 shows pressure curves of conventional and piezo-valve at the supply pressure 
pP of 210 bar. The piezo-valve has a slightly larger shift of the hydraulic zero-point than 
the conventional valve. Both of the curves show similar hysteresis. The pressure-stroke 
gains of these valves cannot be compared directly due to their different flow curves. 
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Figure 4-35: Pressure curves of conventional valve and piezo-valve 
The total internal leakage of a pilot operated valve comprises pilot and main stage leakage. 
Here, firstly, the total internal leakage of each valve is measured at a supply pressure for 
both valve stages of 210 bar. Secondly, the supply pressure of the main stage is turned off, 
so that the leakage of the pilot stage can be measured. During every measurement the spool 
is driven with full stroke at low velocity, so that the dynamic pilot flow is as low as 
possible. Finally, the leakage of the main stage can be derived by subtracting the pilot 
stage leakage from the total leakage. Figure 4-36 presents these measurements. 
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Figure 4-36: Pilot stage, main stage and total leakage of conventional and piezo-valve 
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The curves indicate an increase of leakage in the region of the hydraulic zero-point and an 
asymmetrical behaviour due to different radial gaps between spool and sleeve. The pilot 
stage leakage of the piezo-valve is approx. 40% higher than that of the conventional valve 
leading to higher power losses of the piezo-valve. 
4.4.2 Dynamic performance 
The dynamic performance of the piezo-valve is investigated for different controllers in 
order to find the optimum controller in experiment. The following controllers are tested on 
the valve: 
 linear PID-controller (PID) 
 linear PD-controller with a switching integrator (PI(S)D) 
 linear PPT1-controller in parallel with D-controller and switching integrator (PPT1) 
 non-linear controller according to Figure 4-32 (non-lin.) 
The following figures present step responses of conventional and piezo-valve for different 
amplitudes of the command signal. Corresponding to each step response, there is an 
integral of time multiplied squared error (ITSE)-diagram of the spool position error. ITSE 
is a performance index which quantifies controller quality with respect to reference or 
disturbance response of the system. ITSE is calculated according to: 
   

	
0
0
2
actualcommandITSE
t
dtttyy  eq. 4-36 
A typical ITSE-curve of a step response possesses a steep increase in the transient region 
and a flatter increase in the steady-state region. 
In contrast to the test conditions of direct drive valves, here, port A and port B are 
connected during the measurements. This means that the pilot operated valves work against 
the flow forces of the main stage. Both the conventional valve and the piezo-servovalve are 
tested at the same supply pressure of 210 bar for the main stage and 300 bar for the pilot 
stage. 
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Command signals of 0.13, 0.35 and 0.52 mm are applied to the valves. A command signal 
of 0.78 mm can only be given to the piezo-servovalve, since the conventional valve has a 
stroke limit of 0.58 mm. 
  
Figure 4-37: Step response at an amplitude of 0.13 mm 
  
Figure 4-38: Step response at an amplitude of 0.35 mm 
  
Figure 4-39: Step response at an amplitude of 0.52 mm 
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Figure 4-40: Step response at an amplitude of 0.78 mm 
It can be seen that the piezo-valve has a smaller delay and rise time than the conventional 
valve for all the controllers. The precision of position holding in the steady-state region is 
nearly the same except for the step of 0.13 mm, where the piezo-valve exhibits an 
oscillation around the command value. The comparison of the ITSE-curves shows that the 
non-linear controller achieves the smallest values of delay and rise time. Table 4-2 gives 
an overview of delay and rise time of the conventional valve and the piezo-valve with the 
non-linear controller. The values of the piezo-valve in percent are calculated with respect 
to the values of the conventional valve assumed as 100%. It can be seen that the delay and 
rise time of the piezo-valve is approx. half of the values for the conventional valve. 
amplitude 0.13 mm 0.35 mm 0.52 mm 0.78 mm 
time delay time 
rise 
time 
delay 
time 
rise 
time 
delay 
time 
rise 
time 
delay 
time 
rise 
time 
convent. 
valve 
0.55 ms 
100% 
0.93 ms
100% 
0.64 ms
100% 
1.86 ms
100% 
0.65 ms
100% 
2.75 ms
100% - - 
piezo-
valve 
0.26 ms 
47% 
0.54 ms
58% 
0.27 ms
42% 
1.00 ms
54% 
0.28 ms
43% 
1.07 ms
39% 
0.32 ms 
- 
1.15 ms 
- 
Table 4-2: Step response characteristics of conventional and piezo-valve 
Next, frequency responses of conventional and piezo-valve are investigated. In order to 
prevent the valves from damage during testing at high frequencies, the frequency response 
is derived not from a sine-sweep command signal but from a step command signal by 
means of FFT. This method is legitimate due to the fact that a step signal as excitation 
consists of a theoretically infinite number of harmonically related sine-signals of different 
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amplitudes and frequencies. A high sampling frequency of 50 kHz of the measurements 
allows for achieving a high resolution of the frequency response. 
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Figure 4-41: Frequency response at an amplitude of 0.13 mm 
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Figure 4-42: Frequency response at an amplitude of 0.35 mm 
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Figure 4-43: Frequency response at an amplitude of 0.52 mm 
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Figure 4-44: Frequency response at an amplitude of 0.78 mm 
The frequency response of the piezo-valve is characterised by a relatively small phase lag 
compared to that of the conventional valve. The smallest amplitude decrease can be 
achieved by the non-linear controller in most cases. Table 4-3 summarises the frequency 
values corresponding to an amplitude decrease of 3 dB and a phase lag of 90° of the 
conventional valve and the piezo-valve with the non-linear controller. The values of the 
piezo-valve in percent are referenced to 100% of the corresponding value of the 
conventional valve. It can be seen that the 90°-frequency of the piezo-valve is approx. 
two times higher than that of the conventional valve at every measured amplitude. The 
advantage of the 3 dB-frequency of the piezo-valve reaches up to approx. 90% even at a 
relative high amplitude of 0.52 mm. 
amplitude 0.13 mm 0.35 mm 0.52 mm 0.78 mm 
frequency 
at: 3 dB 90° 3 dB 90° 3 dB 90° 3 dB 90° 
convent. 
valve 
470 Hz 
100% 
248 Hz
100% 
265 Hz
100% 
160 Hz
100% 
180 Hz
100% 
124 Hz
100% - - 
piezo-
valve 
480 Hz 
102% 
500 Hz
202% 
315 Hz
119% 
371 Hz
232% 
340 Hz
189% 
290 Hz
234% 
340 Hz 
- 
300 Hz 
- 
Table 4-3: Frequency response characteristics of conventional and piezo-valve 
4.5 Evaluation of pilot operated piezo-servovalve 
The developed four-way pilot operated piezo-servovalve is characterised by a high-
response pilot stage. The pilot stage consists of four variable hydraulic resistors connected 
to a full bridge for the main stage. The highest power amplification of the hydraulic full 
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bridge improves the dynamics of the main stage. Each resistor is designed as a pressure 
compensated, flow force optimised seat valve which is driven by a low cost piezo-actuator. 
The spool of the main stage is operated in a closed-loop position control. The position 
feedback is realised by a standard LVDT. No other signals are required for the control. All 
considered controllers possess a relative simple structure. 
Comparing the piezo-servovalve to the conventional high-response servovalve of the same 
nominal size, the response time of the piezo-servovalve has been improved by a factor 2. A 
similar improvement can be seen in 90°-frequency of the piezo-servovalve. This 
enhancement is valid for both small and large amplitudes of the command signal. 
However, the achieved dynamics of the valve prototype is lower than that calculated for 
the optimum design parameters (q.v. Figure 4-9). The reason for this are the larger 
diameter of the available spool of 6.6 mm in comparison to the optimum diameter of 
4.2 mm and an additional limitation of the pilot flow due to the losses inside of the pilot 
stage (narrow lines, line bends, sudden changes in flow cross sections). 
High response of the pilot valves is achieved at the cost of their sophisticated 
manufacturing. Especially turning and finishing of the inner contour of the sleeve guide 
require special tools and profile measuring equipment. 
Another shortcoming is a relatively high hydraulic supply power required for the pilot 
stage of 1.25 kW on average. A high supply pressure of 300 bar is needed to achieve a 
sufficient pilot flow through the small openings of the pilot valves. As the main stage 
dynamics depends on the supply pressure of the pilot stage, it ought to be supplied 
externally. 
Further investigations of endurance life and self heating of the piezo-actuators at high 
operation frequency are recommended. Because of internal losses, 8-12% of the electrical 
power, supplied to the actuator, is converted to heat. If the internal temperature exceeds 
Curie temperature (320-350°C), the piezoceramics may depolarise leading to a 
performance degradation of the actuator /PI09/. Currently, research is carried out in an 
active and passive cooling of the piezo-actuators in automobile injectors by fuel. 
Higher flow sensitivity with respect to the opening of a laminar resistor leads to a larger 
pilot flow and a faster pressure change in the pilot stage (q.v. Figure 4-3). In case of 
applications with a small variation of oil temperature (e.g. testing machines, machine 
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tools), this type of resistors might be a promising alternative for the design of the pilot 
valves. Besides, a hydraulic adjustment of the pilot valves can be carried out with an 
external pressure sensor, so that the integrated pressure sensors can become redundant. 
This would decrease the dead volume of the pilot chambers and raise the dynamics of the 
main stage. 
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5 Investigation of cylinder drive performance 
In this chapter experimental and simulative investigations of cylinder drive performance in 
closed-loop position and pressure control are presented. The drive is controlled either by a 
conventional direct drive valve D636 or the novel hybrid valve. The development of the 
hybrid valve was shown in Chapter 3.The investigations imply reference and disturbance 
response of the cylinder drive as well as accuracy and resolution of the controlled variable. 
5.1 Development of test-rig 
The test-rig was developed to carry out investigations of drive performance. The main 
requirements for the design of the test-rig are: 
 reference and disturbance response of the drive in position control 
 reference and disturbance response of a drive chamber in pressure control 
 application of disturbance with definite amplitude and high dynamics 
 investigations at different positions of the drive piston and different volumes of the 
drive chamber 
Figure 5-1 shows the hydraulic circuit and the realised test-rig. 
 
Figure 5-1: Test-rig 
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The cylinder at the bottom of the test-rig is the investigated test drive which can be 
controlled by the conventional valve or the hybrid valve. It is a low friction state of the art 
cylinder with an annular gap sealing for challenging control applications. The test cylinder 
possesses an integrated position measurement LVDT-sensor. A control valve can be 
mounted on the test cylinder directly, so that the dead volume between valve and cylinder 
chambers becomes as small as possible. 
The cylinder at the top of the test-rig is a disturbance generator which can induce a definite 
force (disturbance of the drive in position control) or movement of the test drive 
(disturbance of the drive in pressure control). High dynamics of disturbance should be 
achieved by a high-response servovalve which controls the disturbance cylinder. A stiff 
force sensor, connecting the piston rods of the drives, is used for a force control of the 
disturbance cylinder. 
A mass of 50 kg is attached to the test cylinder and guided by a pair of linear bushings and 
shafts preventing the test drive from radial forces. An acceleration transducer is mounted 
on the mass. Every drive chamber is provided with a pressure transducer. There are 
accumulators on pressure supply and return line at each drive to reduce pressure variations 
due to hydraulic inertia of the supply line and hydraulic resistance of the return line. All 
the control loops are implemented on a dSPACE DS1103 PPC controller board /Dsp08/ 
and operate at a sampling frequency of 10 kHz. 
The following table gives an overview of the components and sensors used on the test-rig 
and their main characteristics. 
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test cylinder double rod cylinder, type 326 by Hänchen, piston / piston rod / stroke = 45/25/±35 mm, end cushioning = 10 mm 
control valves of the 
test cylinder 
conventional valve = four-way servo-proportional direct drive valve, 
type D636 by Moog, Qnominal = 37.5 l/min (at p=35 bar per land), 
90°-frequency = 200 Hz (at 5% signal) 
 
hybrid valve = 4-3 way piezo-valve by IFAS, Qnominal = 40.5 l/min (at 
p=35 bar per land), 90°-frequency = 850 Hz (at 7% signal) 
disturbance cylinder double rod cylinder, type 328 by Hänchen, piston / piston rod / stroke = 40/25/±50 mm 
control valve of the 
disturbance cylinder 
pilot operated servovalve, type D769 by Moog, Qnominal = 63 l/min (at 
p=35 bar per land), 90°-frequency = 180 Hz (at 5% signal) 
accumulators diaphragm accumulator, type SBO330 by Hydac, nominal volume = 1.4 l 
position 
measurement system 
LVDT, type WLH100 by Messotron and digital amplifier, type 
e.bloxx A6-2 CF by Gantner, 3dB-frequency = 1000 Hz 
acceleration 
measurement system 
single-axis piezoelectric accelerometer, type 4501A by Brüel&Kjær 
and analogue amplifier, resonance frequency = 45 kHz 
force 
measurement system 
strain gauge force transducer, type U3 by HBM, measurement range 
= ±40 kN, stiffness = 500 N/μm and analogue amplifier, 3dB-
frequency = 5700 Hz 
pressure 
measurement system 
strain gauge pressure transducer, type p20V by RMP, measurement 
range = 0…300 bar and analogue amplifier, 3dB-frequency = 
1200 Hz 
Table 5-1: Components and sensors used on the test-rig 
5.2 Pressure control 
5.2.1 Control structure 
Technical literature on electrohydraulic control describes a lot of approaches for the design 
of pressure or force controllers /For88/, /Feu96/, /Göt99/, /Boe03/, /Mur08/. A simple 
linear P-controller leads to a poor reference and disturbance response due to the remaining 
steady-state error of the controlled variable (q.v. Figure 2-10, Figure 2-11). Continuing 
leakage flow of the valve Qloss and intermitted disturbing flow Qdist. have to be 
compensated by an additional flow through the valve Qth. (q.v. Figure 2-9). However, the 
compensating flow can only be provided by the valve if a certain error variable for the P-
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controller does exist. This error variable determines the steady-state error of the controlled 
variable relative to the reference value. 
An additional I-controller is able to eliminate the steady-state deviation. It integrates the 
error variable and opens the valve to the extent that Qloss and Qdist. are compensated 
completely, and the error variable equals zero. A higher gain of the I-controller 
compensates the steady-state error variable faster. However, it leads to a higher overshoot 
of reference response. Especially in case of a step command signal, the error variable takes 
a large value which, after being integrated, generates too wide opening of the valve. 
An additional D-controller has no influence on the steady-state deviation, as it works in a 
transient region of control only. Though, differentiating the error variable, it causes a more 
dynamic actuation of the valve, leading to a faster reference response and a lower transient 
deviation of disturbance response. 
The overshoots of pressure control caused by the I-controller can be reduced by means of a 
switching I-controller (q.v. Figure 4-31) or by a delayed command signal. A lag of the 
command signal generates a lower initial value of error variable eI which results in a lower 
integrated value of the controller uvalve I (Figure 5-2) /For88/. 
 
Figure 5-2: PID-controller with delayed command signal for I-controller /For88/ 
Further improvement of disturbance response can be achieved by disturbance feedforward 
if the disturbance signal is available. In case of the pressure control of a single cylinder 
chamber, the disturbance can easily be measured as piston area multiplied by velocity 
(Figure 5-3). The disturbance can be compensated by an additional opening of the valve 
which is induced by a feedforward line. Because of the flow-stroke gain VQy which is 
situated in the compensating line and depends on the operating point the gain Kf of the 
feedforward line should be adapted according to the non-linear load flow of the valve (q.v. 
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eq. 2-1 and eq. 2-8). However, a model-based adaptation of a compensating gain or 
controller gains can be quite complicated for a hydraulic system due to its numerous non-
linearities and parameter change caused by wear. 
 
Figure 5-3: Disturbance feedforward in pressure control /For88/ 
Alternatively, the adaptation of a controller can be carried out by means of fuzzy logic. In 
contrast to classical or digital logic, which operates on discrete values of either 1 or 0 (true 
or false), fuzzy logic is able to analyse variables that take on continuous values between 1 
and 0 (more or less true or false). An example of a fuzzy controller with a PI-core is 
presented in Figure 5-4. Firstly, the controlled variable pactual is analysed with respect to 
some predefined features (e.g. overshoot height, oscillations, response time etc.). Secondly, 
these features are mapped to the appropriate membership functions (fuzzification). A 
membership function defines to which extent a certain feature belongs to certain 
characteristics of this feature (e.g. overshoot of 8% can be evaluated to 60% as a small 
overshoot and to 40% as a medium one; all overshoots of more than 25% are evaluated to 
100% as large overshoots etc.). Then, the features and their evaluations are processed by a 
set of rules (e.g. if the overshoot is small and the oscillations are not present, then increase 
KP; if the overshoot is large and the oscillations are present, then decrease KP and KI etc.). 
Finally, during defuzzification the results of all invoked rules are summed and the output 
values for KP and KI are generated (e.g. set KP to 1.5 V/bar). The adaptation of the 
controller gains to achieve the optimum response, which has been described by the 
membership functions, reminds of human logic during the adjustment of a controller. 
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Figure 5-4: Fuzzy control /Feu96/ 
Another approach with a linear PID-core was presented by BOES /Boe03/ aiming for the 
development of rules for simply adjustable controller gains. The development is based on 
a simplified linear model of pressure control (Figure 5-5). Valve gains Vv and VQy are 
combined here to flow-command voltage gain VQu. The influence of leakage flow of the 
valve Qloss is neglected (q.v. Figure 2-9). 
 
Figure 5-5: Pressure controller according to BOES /Boe03/ 
Based on a linear pole placement method, simple equations to adjust the controller gains 
were found: 
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The non-linear dependency of VQu on pressure difference across the control edge and the 
valve opening direction should be considered in the calculation of the gains. 
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Due to a simple parameterisation of this pressure controller, it has been chosen for testing 
of the drive. Figure 5-6 presents the circuit of the pressure control in a single cylinder 
chamber. The grey field indicates the circuit to drive the piezo-actuated sleeve and is 
deactivated when the drive is controlled by the conventional valve. The internal position 
control loops of the valve actuators are described in Chapter 3.3 (q.v. Figure 3-15). 
 
Figure 5-6: Pressure control circuit of cylinder chamber with hybrid valve 
On account of the on-line calculation of Ch and VQu, the closed-loop control can be safely 
performed in different operating points. The adaptation of VQu considers non-linear 
dependency on pressure difference across an active control edge of the valve (q.v. eq. 2-1 
and eq. 2-8). The active control edge is detected by the position signals of spool and 
sleeve. In case of an underlapped valve, which is also the case for a zero lap valve with 
radial leakage between spool and sleeve, VQu is linearly interpolated in the region of the 
underlap between the values for the valve opening PA and AT. 
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5.2.2 Testing 
Figure 5-7 shows the configuration of the test-rig for pressure control in the lower 
chamber of the test cylinder. In order to investigate pressure reference response of the 
drive, its chamber should have a constant volume. In other words, the cylinder piston is not 
allowed to move during compression and decompression of the chamber. To achieve a stiff 
fixation of the piston, the mass is permanently pulled up by the upper cylinder against two 
steel columns. 
 
Figure 5-7: Test-rig configuration for pressure control 
The investigations are carried out at a supply pressure of 100 bar. The piston of the test 
cylinder is fixed in the middle position. The pressure controlled volume is 56 cm3. The 
applied controller is shown in Figure 5-5 and Figure 5-6. Using the hybrid valve, the rise 
time of reference response was reduced by 40, 45 and 52% for step amplitudes of the 
command signal of 80, 40 and 20% of the supply pressure, respectively. Figure 5-8 
presents an example of pressure reference response for a step amplitude of the command 
signal of 80%. The piezo-actuator and the linear force motor operate in comparable 
working ranges. The improvement of rise time can be seen in the zoomed region of the step 
response on the right hand side of the figure. The discontinuity of the step response is 
caused by a dynamic movement of the piston despite of its fixation. The reason for this is 
the non-linear compliance of the test-rig frame. 
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Figure 5-8: Reference response of pressure control 
The open-loop gains of pressure control, using a P-controller with the conventional valve 
or the hybrid valve, are given from the linear model by (q.v. Figure 2-9 and Figure 5-6): 
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Assuming the equal spool-sleeve combinations of the conventional valve and the hybrid 
valve with the same parameters VQy and VQp, the relation of the open-loop gains in the 
experiment can be estimated to: 
8.51
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 eq. 5-6 
Another aspect of reference response – accuracy and resolution – can be improved with the 
use of the hybrid valve as well. For this measurement the amplitude of the command signal 
is sequently reduced from 4 to 0.06 bar as shown in Figure 5-9. The valve actuators 
perform similar stroke amplitudes. Due to the higher slope and less overshoot, the pressure 
control with the hybrid valve is more precise. The piezo-actuated sleeve is still able to 
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follow the low level command signal, whereas the movement of the spool cannot be 
distinguished from the signal noise. 
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Figure 5-9: Accuracy and resolution of pressure control 
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5.3 Position control 
5.3.1 Control structure 
Position control of electrohydraulic cylinder drives has been investigated in numerous 
works /Roth83/, /Nos95/, /Die98/, /Mur08/. The first control structures were based on PID-
controllers which were simply adopted from position control of electromechanical drives. 
However, soon the classical PID-controller turned out to be inappropriate for this task 
because of an integral behaviour of the hydraulic cylinder. A certain valve opening 
generates a certain velocity of the drive which is integrated to a position of the drive with a 
phase shift of 90°. An additional integrator of the controller adds another phase shift of 
90° which can lead to a positive feedback and, thereby, to an instability of the controlled 
variable. However, a switching integrator (q.v. Figure 4-31) with limited activity can still 
be applied to achieve a high precision in a steady-state condition of the drive. 
Let us recall that a valve controlled hydraulic cylinder drive can be represented to a certain 
degree of accuracy as a linear system consisting of a valve, as a high damped PT2-element, 
and a cylinder, as a mostly low damped IT2-element (PT2- and I-element in series). Due to 
the low damping of the cylinder, it tends towards high amplitudes at its resonance 
frequency which endangers control stability and, therefore, should be damped by a filter. 
This filter could be the valve itself in case of a slow valve with a considerable magnitude 
decrease at the resonance frequency of the cylinder. Alternatively, the filtering could be 
incorporated by a controller in case of a fast valve. For these reasons, the selection of the 
controller should be based on the relation of the natural frequencies of valve fv and cylinder 
fcd. Thereby, an expected stroke amplitude of the valve should be considered to choose the 
appropriate fv. 
Combining the results of the investigations of ROTH /Roth83/, NOSKIEVI /Nos95/, 
DIETER /Die98/, MURRENHOFF /Mur08/ and taking into account the recommendations 
of software HYVOS for a non-linear simulation of a valve controlled cylinder, the 
following rules of thumb for a controller selection can be formulated: 
 In case of low valve dynamics relatively to the cylinder dynamics – fv/fcd < 0.4 – the 
valve damps the cylinder too much and causes too high negative phase shift. The 
maximum open-loop gain can be achieved by the use of a PDT1-controller which 
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possesses a frequency region with a positive phase shift and can compensate the 
negative phase shift of the valve to a certain extent. 
 For comparable natural frequencies of the valve and the cylinder – 0.4 < fv/fcd < 1.4 
– a P-controller is recommended. In this case the magnitude decrease of a high 
damped valve damps the resonance of the cylinder drive. This case has already been 
discussed in Chapter 2.2.2 (q.v. Figure 2-18). 
 In case of high valve dynamics relatively to the cylinder dynamics – 1.4 < fv/fcd < 3 
– a controller should have low-pass filter characteristics to damp the resonance of 
the drive. A PT1- or a PPT1-controller can take over this filtering and achieve the 
maximum open-loop gain in this region. 
 For a higher ratio of the natural frequencies – fv/fcd > 3 – a PPT1-controller can be 
used. However, the maximum open-loop gain can be reached by a state controller 
with velocity and acceleration feedback of the drive. The high dynamics of the 
valve allows it to process these dynamic state variables and to take effect on the 
characteristics of the cylinder. Thus, velocity feedback increases the natural 
frequency of the cylinder, and acceleration feedback enlarges the damping of the 
drive. Thereby, a well damped cylinder can be controlled by a P-controller in the 
main feedback loop. For the use of the state controller attention must be paid to the 
signal quality of the state variables, as they are often acquired from differentiation 
of position signal and its derivative. 
Figure 5-10 summarises the discussed cases for the choice of the position controller. The 
highlighted areas mark the required elements for the state controller. 
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Figure 5-10: Position control loop of cylinder drive 
The next question to be answered is how the recommendations for the optimum controller 
can be applied for the hybrid valve. In contrast to the state of the art valve with a single 
command signal, the hybrid valve utilises two command signals for the valve actuators of 
different dynamic characteristics. Therefore, the position control of the cylinder drive 
should incorporate two different controllers which are optimum for each valve actuator. 
Table 5-2 lists the natural frequencies of valve actuators and cylinder as well as the 
selection of optimum controllers according to the recommendations mentioned above. 
 natural frequency [Hz] 
damping 
ratio [-] fv/fcd 
optimum 
controller 
spool of the valve 200 0.9 1.4 P-controller 
sleeve of the valve 850 0.9 5.9 state controller 
test cylinder 145 0.03   
Table 5-2: Relations of natural frequencies and selection of controllers 
The measurements to obtain the dynamic characteristics of the test cylinder are presented 
at the end of this chapter. 
Figure 5-11 shows a resulting circuit of position control for the test cylinder. A P-
controller with switching integrator is applied to generate the command signal of the spool. 
At the same time, a state controller, marked by a highlighted area in the figure, is used in 
the signal path of the piezo-actuated sleeve. The velocity of the cylinder is obtained by 
means of differentiation, and the acceleration is measured by a sensor mounted directly on 
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the drive. The internal position control loops of the valve actuators are described in 
Chapter 3.3 (q.v. Figure 3-15). When the conventional valve is used, the state controller is 
deactivated. 
 
Figure 5-11: Position control circuit of cylinder drive with hybrid valve 
The dynamic characteristics of the cylinder can be obtained from its transient response in 
the experiment. To exclude the influence of the controller and the valve, the cylinder 
should be operated in an open-loop control. At first, the valve is completely open in the 
experiment, and the cylinder with an attached mass of 50 kg moves at the maximum 
velocity. When the cylinder reaches a certain position, the valve is switched off (i.e. it 
closes). The cylinder stops and performs oscillations. The damping and the natural 
frequency of the cylinder can be derived from its velocity oscillations shown in Figure 5-
12. 
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Figure 5-12: Transient response of cylinder 
The damping ratio Dcd can be calculated: 
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where  is a logarithmic decrement of n oscillations and vˆ  is the velocity amplitude at a 
certain time ti. The damped natural frequency fDcd can be obtained from a period T: 
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The undamped natural frequency can be then estimated to: 
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The transient response is acquired for different positions of the cylinder. The values of Dcd 
and fcd are presented versus the position of the cylinder piston in Figure 5-13. The 
damping ratio increases in the regions of end position due to an end cushioning of the 
cylinder. The well-known cup-shaped curve of the natural frequency shows an increase of 
the values in the same regions due to a smaller and, consequently, stiffer chamber volume 
at one side of the cylinder. 
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Figure 5-13: Damping and natural frequency of cylinder 
In general, a position control of a cylinder drive should be designed for the minimum 
values of its damping ratio (here approx. 0.03) and natural frequency (here 145 Hz). 
5.3.2 Testing 
Figure 5-14 shows the configurations of the test-rig to investigate disturbance and 
reference response of the cylinder drive in position control. During the investigations of 
the disturbance response, the test cylinder is operated in closed-loop position control, and 
the disturbance cylinder is driven in closed-loop force control. However, the disturbance 
cylinder may have a damping effect on the test cylinder during the investigation of 
reference response. This is the reason why the disturbance cylinder is removed in this case. 
 
Figure 5-14: Test-rig configurations for position control 
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For investigation of disturbance response the test cylinder is subjected to a pushing and 
pulling force with an amplitude of 7 and 9 kN. At a supply pressure of 100 bar the 
disturbance corresponds to 60 and 80%, respectively, of the maximum load force of the test 
cylinder. The investigations are carried out for a moving (2.5, 5 and 10% of the maximum 
allowable cylinder velocity) and not-moving test cylinder (middle position, position of 
±40% of the cylinder stroke). 
The ratio of disturbance force to the resulting transient position error – the dynamic load 
stiffness – is measured to be 30 N/μm for the cylinder drive controlled by the conventional 
valve. Using the hybrid valve, the dynamic load stiffness is enhanced to 41 N/μm which is 
37% higher than that of the conventional system. This improvement is independent of the 
amplitude or direction of the disturbance force and is valid for the moving and not-moving 
drive. 
Figure 5-15 presents two examples of disturbance response of the test cylinder controlled 
by conventional and hybrid valve. The graphs on the left show the response during loading, 
the diagrams on the right present the response during load removal. A disturbance force of 
9 kN including the overshoot acts on the test cylinder. The dynamics of the disturbance 
force is limited by the supply pressure and the time constant of the servovalve of the 
disturbance drive. Sleeve and spool of the hybrid valve operate in the same working range 
of approx. 40 μm in this measurement. It can be seen in the figure that the piezo-actuated 
sleeve reaches its maximum stroke considerably faster than the spool. As a consequence of 
the additional spool movement, the dynamic position deviation of the cylinder drive is 
lower. 
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Figure 5-15: Disturbance response of position control 
The investigations of reference response of the test cylinder are carried out for small 
amplitudes of the command position at a supply pressure of 100 bar. Comparing the 
responses with use of conventional and hybrid valve, the rise time was reduced by up to 
50% at small amplitudes of the drive. As expected, the effect of the hybrid valve on the 
response time of the drive is limited to small amplitudes due to the limit of the piezo-
actuator stroke. 
The open-loop gain of the position control, using a P-controller with the conventional 
valve, is given from the linear model by (q.v. Figure 2-13 and Figure 5-11): 
vspoolPspool0
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 eq. 5-10 
The use of the hybrid valve allows for applying a state controller with the feedback of 
velocity and acceleration. In this case the open-loop gain can be estimated to: 
 vsleevePsleevevspoolPspool*0hybridK VKVKCV 	  eq. 5-11 
with velocity gain *0C  of the drive using a velocity feedback: 
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Using the hybrid valve, the open-loop gain was increased during the testing by a factor of 3 
compared to the open-loop gain with the conventional valve: 
31
vspoolPspool
vsleevePsleeve
0
*
0
alconventionK
hybridK 	





	
VK
VK
C
C
V
V
 eq. 5-13 
The accuracy and resolution of position control by conventional and hybrid valve are 
shown in Figure 5-16. Here, the amplitude of the command signal is sequently reduced 
from 62 to 2 μm. The valve actuators operate in similar working ranges. Whereas the 
resolution of the linear force motor reaches its limit for quite small reference signals, the 
piezo-actuator is still able to follow the signal and provides the cylinder drive with a better 
positioning accuracy. 
The highest resolution of the cylinder drive is measured to be 2 μm for both conventional 
and hybrid systems which outmatches a value of 10 μm as a typical position resolution 
limit of high-end electrohydraulic cylinder drives. Certainly, the achieved performance 
depends on the friction forces in bearings of the piston and piston rod as well as in 
guidance of the attached mass which are quite low in the investigated system. 
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Figure 5-16: Accuracy and resolution of position control 
5.3.3 Simulation 
After the advantages of the hybrid valve for the control of a cylinder drive have been 
demonstrated in time domain, the investigations will be carried out in frequency domain. In 
other words, the objective is to obtain reference and disturbance response of the cylinder 
for different frequencies of reference and disturbance variables. The corresponding 
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experiments would exert an extremely high stress on the test rig. Therefore, the 
investigations are carried out by means of a validated simulation model of the drive. The 
simulations are restricted to position control of the drive only. 
At first, the simulation model of the drive is build in a software for dynamic simulation of 
fluid power systems DSHplus /Flu09/. Then, the components of the model are 
parameterised, and the model is validated by the measurements of step responses. Finally, 
the frequency responses are calculated for the conventional valve and the hybrid valve with 
different controller gains. 
DSHplus is a simulation program that is developed especially for the analysis of fluid 
power systems. The program uses a graphic oriented modelling concept, so that the 
simulated system is combined of components which are represented by graphical symbols. 
Each graphical symbol relates to a mathematical model of the corresponding component. 
The fluid power specific non-linearities are already integrated into these models. The 
hydraulic components are connected via volume nodes. The nodes receive volume flows 
from the components and integrate them to pressure which is, in turn, transferred to the 
components building a pressure difference. The volume flow through the component is 
calculated in accordance with the pressure difference and is transmitted to the next volume 
node as shown in Figure 5-17. With the specified graphical connections of all the 
components the complete set of differential equations is generated and solved by the 
software. 
 
Figure 5-17: Calculation of volume flow and pressure in DSHplus 
The simulation model of the valve controlled cylinder drive consists of a hydraulic 
cylinder, the hybrid valve, a constant pressure supply and signal processing blocks of 
controllers and signal conditioners (Figure 5-18). The dynamics of position, pressure and 
acceleration sensors is modelled by first-order or second-order lag elements. The cylinder 
can be loaded by the disturbance force, which was measured in the experiment, and is 
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provided by the on-line data import block. The latter imports some other measured 
variables (e.g. spool and sleeve stroke, cylinder position, pressure in the cylinder 
chambers) which are used for the validation of the model. 
 
Figure 5-18: Simulation model 
Model Parameterisation 
The parameterisation of a hydraulic cylinder in DSHplus implies the geometric parameters, 
the mass, the parameters of the friction force model and a pressure-dependent leakage. The 
last two aspects can hardly be found in the data sheet of the manufacturer and require 
extensive experimental measurements. 
In the following a model of the friction force and its parameters will be briefly introduced. 
DSHplus uses the Stribeck curve for calculation of the friction force. Thereby, the friction 
force is influenced by different friction types which depend on the relative velocity of a 
tribological contact (Figure 5-19). 
124  5 Investigation of cylinder drive performance 
 
Figure 5-19: Friction force model according to the Stribeck curve 
In case a driving force exceeds the breakaway friction force, the movement starts. With a 
growing relative velocity a thin lubrication film is created which separates some peaks of 
the roughness profiles, whereas some other peaks are still in contact. This type of friction 
is referred to as mixed friction. The friction force decreases to its minimum which is 
represented by the force of mixed friction and the velocity of mixed friction. At a higher 
relative velocity the tribological contact is completely separated by the lubrication film, 
and the region of hydrodynamic friction begins. The friction force starts increasing due to a 
growing friction between the layers of the lubrication film at a higher speed. The slope of 
this increase is described by the viscous damping coefficient. 
For the identification of the model parameters the test cylinder is driven at different 
constant velocities, and the pressure signals in both of the chambers are acquired. Then, the 
friction force can be obtained from Newton’s equation of motion (q.v. eq. 2-23) for 0	x  
and 0dist. 	F . Figure 5-20 presents the measured friction force profile versus the velocity 
of the test cylinder at the supply pressure of 210 bar and the identified parameters for the 
Stribeck curve model. Generally, friction force depends on pressure and becomes larger 
with higher pressure. However, this is not considered in the simulation model. 
5 Investigation of cylinder drive performance 125 
 
breakaway
fricition force
45 N
velocity of
mixed fricition
137 mm/s
force of
mixed fricition
15 N
viscous damping
coefficient
21 Ns/m
 
Figure 5-20: Friction force of test cylinder 
The control edges of the hybrid valve are modelled as turbulent resistors, where flow is 
proportional to the square root of pressure difference. The valve flow is assumed to be 
proportional to its opening which is composed of spool and sleeve stroke. The dynamics of 
the valve parts is modelled as second-order lag elements. The damping factors and natural 
frequencies are obtained by curve fitting between the frequency response of a linear 
second-order lag element and the real components (q.v. Figure 3-22). Non-linearities of the 
valve are modelled by a delay time and velocity limit of spool and sleeve (q.v. Table 3-4). 
The valve underlap is assumed to be equal at each control edge and can be derived from 
the pressure curve (q.v. Figure 3-19) to 6% /Mur08/. A laminar flow at a small opening 
and pressure dependent friction force between spool, sleeve and housing are not considered 
in the valve model. 
The dead volume between valve ports and cylinder chambers is contained in volume nodes 
VolA and VolB. The bulk modulus accounts for pressure level and unsolved air in the oil. 
The inductance and resistance of connecting lines between valve and cylinder chambers are 
neglected in the model. 
Model Validation 
In order to validate the model, simulation results are compared to experimental data. 
Thereby, the simulation model is excited by the step signals for reference and disturbance 
variable from the experiment. Figure 5-21 shows simulated and measured reference 
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response of the cylinder in position control for a small amplitude. The simulated strokes of 
spool and sleeve match the experimental data well. 
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Figure 5-21: Validation of reference response 
Figure 5-22 presents the results of simulation and measurement for disturbance response 
of the test cylinder in position control. The model simulates transient and steady-state 
position of the drive accurately enough. The strokes of the spool and the sleeve as well as 
the pressure in the cylinder chambers are modelled with an adequate precision. 
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Figure 5-22: Validation of disturbance response 
Simulation results 
After the validation of the model, the calculations of the frequency responses can be made. 
At first, the maximum controller gain in case of the conventional valve is found. Thereby, 
the reference response of the cylinder should have no overshoot. The open-loop gain of this 
system is set to VK=100%. Then, a reference sine-sweep signal with an amplitude of 
0.375 mm and a growing frequency from 0.1 to 200 Hz is applied to the model. Processing 
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the reference signal and the actual position signal of the cylinder by means of FFT the 
frequency responses are generated. Figure 5-23 presents the calculated magnitude and 
phase plots of the frequency response. As expected, the magnitude decreases and the 
negative phase shift increases for higher frequencies. A small magnitude raise at the 
frequency of 145 Hz indicates the resonance of the low damped cylinder. The controller 
gains in the signal path of the piezo-actuated sleeve are varied, and the corresponding 
open-loop gain VK is given to each curve. The plots show that the hybrid valve allows us to 
achieve a 4 times higher open-loop gain. Thereby, the magnitude decrease and the phase 
shift become less. However, this increase of performance is only valid for small amplitudes 
of the drive. At large amplitudes of the cylinder the piezo-actuator reaches its stroke limit 
and does not influence the drive response any more. 
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Figure 5-23: Simulated reference frequency response 
The disturbance frequency response is obtained by applying a load force on the cylinder as 
a sine-sweep signal with a peak-to-peak amplitude of 10 kN and a growing frequency from 
0.1 to 200 Hz. The disturbing force and the resulting position deviation of the cylinder are 
processed by means of FFT. The magnitude has a unit of N/μm and represents a dynamic 
load stiffness. It can be concluded from Figure 5-24 that the hybrid valve raises the 
dynamic stiffness of the cylinder up to a frequency of approx. 70 Hz which is half of the 
natural frequency of the drive. The strong influence of the state controller becomes obvious 
in the plot on the right. It allows to achieve the highest open-loop gain and, consequently, 
the highest dynamic load stiffness. By use of the state controller the minimum of the 
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magnitude plots shifts to higher frequency values for higher open-loop gains. The phase 
shift reduces as well. A positive phase shift between load force and drive position at low 
frequencies is caused by a fast spring-back of the cylinder piston through the compressed 
oil, when the load force is reduced to zero. 
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Figure 5-24: Simulated disturbance frequency response 
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6 Summary and outlook 
The research and developments, carried out in this work, demonstrated that the 
performance of an electrohydraulic cylinder drive can be significantly improved by the use 
of high-response servovalves with piezoelectric actuation. This result corresponds to the 
theoretical considerations of the open-loop gain which can be increased by higher valve 
dynamics. Using commercially available piezo-actuators and main stages of conventional 
control valves, two valve prototypes have been developed and measured according to the 
common test procedures for the specification of electrohydraulic flow control servovalves. 
The first prototype – the directly operated piezo-servovalve – implies a direct actuation of 
the sleeve by the piezo-actuator which is superimposed to the common direct actuation of 
the spool by an electromagnetic actuator. The directly operated piezo-servovalve possesses 
a 10 times smaller delay time and a 4 times higher limiting frequency than those of the 
comparable conventional servovalve in the range of a small valve stroke. 
The second prototype – the pilot operated piezo-servovalve – consists of the common main 
stage and the novel pilot stage as a hydraulic full bridge which is driven by 4 piezo-
actuated pilot valves. Compared to its conventional pendant, the pilot operated piezo-
servovalve exhibits a 2 times smaller delay time and a 2 times higher limiting frequency in 
the range of small and large valve stroke. 
The directly operated piezo-servovalve has been tested in closed-loop pressure and position 
control of a cylinder drive. The resulting static accuracy of the drive control corresponds to 
that of the drive controlled by a conventional valve. The reference response of pressure 
control has been measured to be approx. 50% faster than the response time achieved with a 
conventional technology. A similar improvement has been achieved in a reference response 
of position control for small position amplitudes of the cylinder. The disturbance rejection 
of the drive in position control, which is also referred to as dynamic load stiffness, has 
been increased by 40% in the experiments for small and large amplitudes of the disturbing 
load force. The additional investigations by means of simulation have shown that the 
piezo-servovalve is able to improve the dynamic load stiffness of the drive by a factor of 4 
from 25 N/μm to 100 N/μm which is comparable to that of an electro-mechanical linear 
drive /Bre02/. 
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These improvements of the drive performance result from the use of the novel high-
response valves and the adjusted control strategy only. Additional changes in the design of 
the cylinder are not required. 
This work has demonstrated that the commercially available piezo-actuators can be 
successfully implemented in industrial hydraulic valves. The high reliability and 
robustness of the piezo-actuators had already been proven by the use in common rail fuel 
injectors in the automobile industry since 2002. Taking into account reduced costs of the 
piezo-actuators due to mass production for the automobile industry they can become a very 
attractive alternative or supplement for hydraulic valve technology. 
Further research work should focus on piezo-actuator sustainability against the harsh 
environment of an industrial hydraulic valve in terms of compatibility to different fluids, 
fluid contamination by electrically conductive particles, influence of temperature, vibration 
and shock protection. Miniaturisation of the electrical amplifier and its integration into the 
“on-board electronics” of the valve should be considered as well. 
The availability of piezo-actuators for the design of high-response control valves and the 
resulting performance improvements of the drives should facilitate the industrial 
implementation and sustain the competitiveness of electrohydraulic servocylinders among 
other drive technologies. 
7 Bibliography 131 
 
7 Bibliography 
/Ab07/ Abel, D. Mess- und Regelungstechnik, 31. Auflage, Druck & 
Verlagshaus Mainz GmbH, ISBN 3861308916, Aachen, 
Germany, 2007 
/Agi00/  The Fundamentals of Signal Analysis, Application Note 243, 
Agilent Technologies, USA, 2000 
/And00/ Lindler, J. E., 
Anderson, E. H. 
Piezoelectric Direct Drive Servovalve, Industrial and 
Commercial Applications of Smart Structures Technologies, 
San Diego, USA, March, 2000 
/Bac74/ Backé, W. Systematik der hydraulischen Widerstandsschaltungen in 
Ventilen und Regelkreisen, Krausskopf-Verlag, ISBN 
3783000785, Aachen, Germany, 1974 
/Bac90/ Backé, W. Grundlagen und Entwicklungstendenzen in der 
Ventiltechnik, 9. Aachener Fluidtechnisches Kolloquium, 
Volume 2, pp. 7-48, Aachen, Germany, March 20-22, 1990 
/Bau05/ Bauer, F., 
Murrenhoff, H. 
Piezo Actuators – the Future for High Dynamically Driven 
Servo-Valves ?, Proceedings of the Sixth International 
Conference on Fluid Power Transmission and Control (ICFP 
2005), pp. 62-68, ISBN 7506274027, Hangzhou, China, 
April 5-8, 2005 
/Baum02/ Baum, H., 
Backé, W. 
Increasing the Load Stiffness of Hydraulic Piston Drives, 3rd 
International Fluid Power Conference, 3rd IFK, Volume 2, 
pp. 311-324, Aachen, Germany, March 5-6, 2002 
/Boe95/ Boes, C. Hydraulische Achsantriebe im digitalen Regelkreis, 
Dissertation, RWTH Aachen, Aachen, Germany, 1995 
/Boe03/ Boes, C., 
Lenz, W., 
Müller, J. 
Digital servo valves with fieldbus interface in closed loop 
applications, The Eighth Scandinavian International 
Conference on Fluid Power, SICFP’03, Tampere, Finland, 
May 7-9, 2003 
/Boe04/ Boes, C., 
Weiblen, J. 
M3000 – A Motion-Control Toolbox for Hydraulic Axes, 4th 
International Fluid Power Conference, 4th IFK, Volume 1, 
pp. 255-270, Dresden, Germany, March 25-26, 2004 
/Bre02/ Brecher, C. Vergleichende Analyse von Vorschubantrieben für 
Werkzeugmaschinen, Dissertation, RWTH Aachen, Shaker 
Verlag, ISBN 3832206779, Aachen, Germany, 2002 
/Cla69/ Clark, D. C. Selection and performance criteria for electrohydraulic 
servodrives, the Twenty-Fifth Annual Meeting of the 
National Conference on Fluid Power, October 15-16, 1969 
132  7 Bibliography 
/Dan94/ Dantlgraber, J. Hydraulische Antriebsvorrichtung, insbesondere für eine 
Werkzeugmaschine, Bosch Rexroth AG, Deutsches 
Patentamt, Offenlegungsschrift, DE 4228308 A1, 1994 
/Die98/ Dieter, M. Ein Beitrag zur systematischen Reglerauslegung 
positionsgeregelter Ventil-Zylinder-Antriebe, 1. 
Internationales Fluidtechnisches Kolloquium, Band 1, pp. 
331-344, ISBN 3896532421, Aachen, Germany, 17.-18. 
März, 1998 
/Dör04/ Dörlemann, C., 
Muß, P., 
Schugt, M., 
Uhlenbrock, R. 
Improved active vibration control using the linear properties 
of piezoelectric actuators, Actuator 2004, 9th International 
Conference on New Actuators, Bremen, Germany, June 14-
16, 2004 
/Dre06/ Dresig, H. Schwingungen mechanischer Antriebssysteme, 2. Auflage, 
Springer Verlag, ISBN 103540260242, 2006 
/Dsp08/  Data sheet of dSPACE GmbH, 
http://www.dspace.de/ww/de/gmb/home/products/hw/ 
singbord/ppcconbo.cfm?nv=lb, visited 14.10.2008 
/ERF07/  Teilprojekt Integration von ER-Strömungswiderständen in 
Servoventile (Projekt-Nr.: 11180/1743) im Verbundprojekt 
Entwicklung und Erprobung eines hydraulischen 
Servoventils auf der Basis elektrorheologischer Fluide, IMA 
Materialforschung und Anwendungstechnik GmbH Dresden, 
IWU Fraunhofer-Institut für Werkzeugmaschinen und 
Umformtechnik Dresden und PTL Prüfstandstechnik Leipzig 
GmbH, Germany, 2007 
/Fei92/ Feigel, H.-J. Strömungskraftkompensation in direktgesteuerten 
elektrohydraulischen Stetigventilen, Dissertation, RWTH 
Aachen, Prisma Verlag, Frankfurt, Germany, 1992 
/Feu96/ Feuser, A., 
Schmitz, J. 
Regleradaption elektrohydraulischer Antriebe mit Hilfe der 
Fuzzy-Set-Logik, O+P „Ölhydraulik und Pneumatik“ 40 
Nr.1, pp. 32-34, 1996 
/Flu09/  http://www.fluidon.com, visited 21.07.2009 
/For88/ Forster, I. Elektrohydraulische Lastsimulation, Dissertation, RWTH 
Aachen, Aachen, Germany, 1988 
/För96/ Försterling, H. Abschlussbericht Teilvorhaben Hydraulischer 
Stellwegübersetzer, Verbundvorhaben Entwicklung 
leistungsoptimierter hybrider Hydraulikkomponenten auf der 
Basis piezoelektrischer Aktoren, Institut für 
Fertigungstechnik und spanende Werkzeugmaschinen, 
Universität Hannover, Germany, November, 1996 
 
7 Bibliography 133 
 
/Göt99/ Götz, W., 
Haack, S., 
Mertlik, R. 
Elektrohydraulische Proportional- und Regelungssysteme, 
Robert Bosch GmbH, ISBN 3933698006, 1999 
/Hag99/ Hagemeister, W. Auslegung von hochdynamischen servohydraulischen 
Antrieben für eine aktive Frässpindellagerung, Dissertation, 
RWTH Aachen, Shaker Verlag, ISBN 3896532650, Aachen, 
Germany, 1999 
/Hei99/ Heinrich, W. Modellierung und Simulation piezokeramischer Aktoren als 
Grundlage zur Entwicklung alternativer Steuer- und 
Regelprinzipien, Dissertation, Otto-von-Guericke-
Universität, ISBN 3932633423, Magdeburg, Germany, 1999 
/Hel06/ Helduser, S. Elektrisch-hydraulische Systemtechnik, Entwicklungs-
schwerpunkte in der Stationärhydraulik, O+P „Ölhydraulik 
und Pneumatik“ 38 Nr.1, pp. 16-23, 2006 
/Her96/ Herakovi, N. Die Untersuchung der Nutzung des Piezoeffektes zur 
Ansteuerung fluidtechnischer Ventile, Dissertation, RWTH 
Aachen, ISBN 3896530410, Aachen, Germany, 1996 
/Hoc93/ Hochleitner, H. G. Proportional- und Servotechnik in der Prüfstandshydraulik, 
Habilitation, Technische Universität Graz, Austria, 1993 
/ISO 
10770/ 
 International Standard ISO 10770-1:1998(E), Hydraulic 
fluid power – Electrically modulated hydraulic control 
valves – Part 1: Test methods for four-way directional flow 
control valves. 
/Jan92/ Janocha, H. Aktoren: Grundlagen und Anwendungen, Springer-Verlag, 
ISBN 354054707X, 1992 
/Jen95/ Jendritza, D. J. Technischer Einsatz neuer Aktoren: Grundlagen, 
Werkstoffe, Designregeln und Anwendungsbeispiele, expert-
Verlag, ISBN 3816912354, Renningen-Malmsheim, 1995 
/Kle93/ Klein, A. Einsatz der Fuzzy-Logik zur Adaption der Positionsregelung 
fluidtechnischer Zylinderantriebe, Dissertation, RWTH 
Aachen, Aachen, Germany, 1993 
/Köck05/ Köckemann, A. Systemlösungen für die Automation elektro-hydraulischer 
Antriebe, O+P „Ölhydraulik und Pneumatik“ 38 Nr.9, pp. 
547-549, 2005 
/Kul09/  Data sheet of Kulite Inc., 
http://www.kulite.com/pdfs/pdf_Data_Sheets/XTL-190.pdf, 
visited 27.04.2009 
 
 
 
134  7 Bibliography 
/Lan05/  Data sheet of Lansmont Corporation, 1SVC servovalve, 
http://www.lansmont.com/Downloads/HighResPDF/ 
Vibration/Spec_Vib_1SVCServovalve_Std_A_10_06.pdf, 
visited 25.08.09 
/Lat96/ Latour, C. Strömungskraftkompensation in hydraulischen Sitzventilen, 
Dissertation, RWTH Aachen, Aachen, Germany, 1996 
/Leh96/ Lehner, S. Verschleißwechselwirkungen in hydraulischen 
Komponenten durch Feststoffverschmutzung des 
Druckmediums, Dissertation, RWTH Aachen, Shaker 
Verlag, ISBN 3896530909, Aachen, Germany, 1996 
/Lin02/ Linden, D. Entwicklung eines piezobetätigten Servoventils für die 
hydraulische Werkstoffprüfung, Dissertation, RWTH 
Aachen, Shaker Verlag, ISBN 3826598792, Aachen, 
Germany, 2002 
/Mar93/  Marco Systemanalyse und Entwicklung GmbH, Vorrichtung 
zur Betätigung eines Ventilelements, Europäisches Patent, 
EP 0574945 A1, 1993 
/Mas78/ Maskrey, R. H., 
Thayer, W. J. 
A brief history of electrohydraulic servomechanisms, ASME 
Journal of Dynamic Systems Measurement and Control, 
June 1978 
/Mat94/ Matten, N., 
Ohmenhäuser, M. 
Stetigwirkendes Wegeventil mit piezoelektrischem 
Stellelement, O+P „Ölhydraulik und Pneumatik“ 38 Nr.6, 
pp. 350-355, 1994 
/Mer67/ Merritt, H. E. Hydraulic Control Systems, John Wiley & Sons, Inc., New 
York, London, Sidney, 1967 
/Mil01/ Milani, M. Designing Hydraulic Locking Balancing Grooves, Proc. 
Instn. Mech. Engrs, Volume 215, Part 1, pp. 453-465, 2001 
/Moo91/  Moog GmbH, Fluidischer Wandler mit Piezoansteuerung, 
Europäisches Patent, EP 0504465 A1, 1991 
/Moo08/  Data sheet of Moog Inc., 
http://www.moog.com/media/1/d636_d38seriesvalves.pdf, 
visited 13.10.2008 
/Moo09/  Data sheet of Moog Inc., Servomotor-driven proportional 
valve, GKL/1000/0409, 2009 
/Mur05/ Murrenhoff, H. Grundlagen der Fluidtechnik, Teil 1: Hydraulik, 4. neu 
überarbeitete Auflage, Shaker Verlag, ISBN 3826594460, 
Aachen, Germany, 2005 
 
 
7 Bibliography 135 
 
/Mur08/ Murrenhoff, H. Servohydraulik – Geregelte hydraulische Antriebe, 3., neu 
überarbeitete Auflage, Shaker Verlag, ISBN 
9783832270674, Aachen, Germany, 2008 
/Nis90/  Nissan Motor Co., Vorrichtung zur Verstärkung des Hubes 
eines Piezostellgliedes, Deutsches Patent, DE 4136007 A1, 
1990 
/Nos95/ Noskievi, P. Auswahlkriterium der Reglerstruktur eines lagegeregelten 
elektrohydraulischen Antriebs, O+P „Ölhydraulik und 
Pneumatik“ 39 Nr.1, pp. 49-51, 1995 
/Ohm96/ Ohmenhäuser, M., 
Glöckler, M. 
Hochdynamisches Stetigventil mit Piezoaktor, 
Lageregelseminar, Institut für Steuerungstechnik der 
Werkzeugmaschinen und Fertigungseinrichtungen ISW, 
Universität Stuttgart, Germany, February 16-17, 1996 
/Ohu86/ Ohuchi, H., 
Nakano, K., 
Uchino, K., 
Endoh, H., 
Fukomoto, H. 
High-speed Electrohydraulic Servovalves Using 
Electrostrictive Ceramic PMN Actuators, Fluid Control and 
Measurement, Pergamon, pp. 157-162, Oxford, New York, 
1986 
/Par05/  Catalogue HY11-3317/UK, October 2005, Parker Hannifin 
GmbH & Co. KG, http://www.parker.com/literature 
/Literature%20Files/euro_hcd/new_web_page/pdf_catlgs/ 
3317UK.pdf, visited 05.08.2009 
/Pat07/  Patent US2007079879, Highly Dynamic Valve Servocontrol 
Device, 04.12.2007 
/PI08/  Data sheet of PI GmbH & Co. KG, 
http://www.physikinstrumente.com/en/pdf/P842_843 
_Datasheet.pdf, visited 13.10.08 
/PI09/  Catalogue of PI GmbH & Co. KG, 
http://www.physikinstrumente.com/en/pdf_extra/ 
2009_PI_Catalog_Motion_Control_Nano-Positioning-Piezo-
Systems_Actuator-Motor_C.pdf, visited 06.04.09 
/Rei06/ Reichert, M. Development of a Piezo-Driven Pilot Stage for Highly 
Dynamic Hydraulic Valves, 5th International Fluid Power 
Conference, 5th IFK, Volume 2, pp. 127-138, Shaker Verlag, 
ISBN 3832248404, Aachen, Germany, March 20-22, 2006 
/Rei06a/ Reichert, M. New concepts and design of high response hydraulic valves 
using piezo technology, Power Transmission and Motion 
Control (PTMC) 2006, pp. 401-414, ISBN 0861971353, 
Bath, United Kingdom, September 13-15, 2006 
/Rei07/ Reichert, M. Piezoaktoren in der Ventilvorsteuerung, O+P „Ölhydraulik 
und Pneumatik“ 51 Nr.1-2, pp. 22-26, 2007 
136  7 Bibliography 
/Rex02/  Rexroth Control Cylinders – Three Performance Levels for 
Dynamics and Precision, Bosch Rexroth, RE 09382/08.02, 
http://www.boschrexroth.com/country_units/south_america/ 
brasil/pt/downloads/re09382.pdf, visited 10.08.2009 
/Roth83/ Roth, J. Regelungskonzepte für lagegeregelte elektrohydraulische 
Servoantriebe, Dissertation, RWTH Aachen, Aachen, 
Germany, 1983 
/Roth84/ Roth, J., 
Saffe, P. 
Quantitativer Vergleich verschiedener Regelungskonzepte 
für elektrohydraulische Lageregelungen, 6. Aachener 
Fluidtechnisches Kolloquium, Band 2, pp. 41-64, Aachen, 
Germany, 1984 
/Slab08/  Data sheet of Scienlab electronic systems GmbH, 
http://www.scienlab.de/uploads/media/DataSheet-SL200-
series_01.pdf, visited 14.10.2008 
/Sch01/ Schugt, M. Aktor-Sensorverhalten von Piezoelementen in Kfz-Diesel-
Einspritzsystemen, Dissertation, Ruhr-Universität Bochum, 
Lehrstuhl für Mess- und Schaltungstechnik, Shaker Verlag, 
Germany, 2001 
/Schä77/ Schäfer, K.-D. Elektrohydraulische Regelsysteme, Hilfsformeln für den 
Praktiker zur Abschätzung der statischen und dynamischen 
Eigenschaften, 8: Konferenz über Flüssigkeitsmechanismen, 
Prag, Czech Republik, November 1-3, 1977 
/Schä01/ Schäfer, K.-D. Stetighydraulik: Grundlagen, Ventiltechnik, Regelkreise, 
Verlag Moderne Industrie, ISBN 3478932467, 2001 
/Schl06/ Schlemmer, K., 
Murrenhoff, H. 
Effects of Geometric Imperfections and Peripheral Grooving 
on Gap Flow in Proportional Spool Valves, Proceedings to 
the 4th FPNI – PhD Symposium, Volume 2, pp. 421-431, 
ISBN 1424305004, Sarasota, USA, June 13-17, 2006 
/Schr00/ Schröder, W. Fluidmechanik, Aachener Beiträge zur Strömungsmechanik, 
2. Auflage, Verlag Mainz, ISBN 386073802X, Aachen, 
Germany, 2000 
/Schu05/ Schuster, G. CFD-gestützte Maßnahmen zur Reduktion von 
Strömungskraft und Kavitation am Beispiel eines 
hydraulischen Schaltventils, Dissertation, RWTH Aachen, 
Shaker Verlag, ISBN 3832244662, Aachen, Germany, 2005 
/Sul89/  Sulzer AG, Elektrohydraulische oder pneumatische 
Stellvorrichtung, Europäisches Patent, EP 0366605 A1, 1989 
/Tha58/ Thayer, W. J. Transfer functions for Moog servovalves, Technical bulletin 
103, Moog Inc. Controls division, East Aurora, NY 14052, 
USA, 1958 
7 Bibliography 137 
 
/Vol01/ Vollmer, F. Laststeife servohydraulische Antriebe, O+P „Ölhydraulik 
und Pneumatik“ 45 Nr.7, pp. 496-500, 2001 
/Wit88/ Witte, K. Antriebe für einstufige elektrohydraulische Servoventile, 
Dissertation, TU Braunschweig, Braunschweig, Germany, 
1988 
Curriculum Vitae 
Personal Information: 
Name:  Maxim Reichert 
 
Date of Birth: 02.10.1978 
 
Place of Birth: Riga, Latvia 
 
Family: married, 2 children 
 
E-Mail: kauguri@yahoo.com 
 
 
Education: 
1998 – 2004 Mechanical Engineering, RWTH Aachen University, Aachen, 
Germany 
 
2002 – 2003 Mechanical Engineering, University of Bath, Bath, United 
Kingdom 
 
1996 – 1998 Friedrich-Wilhelm-High School, Cologne, Germany 
 
 
Work Experience: 
since 2010 Project Manager in Central R&D, Bucher Hydraulics AG, 
Neuheim, Switzerland 
 
2004 – 2009 Research Assistant at IFAS, RWTH Aachen University 
 
2003 – 2004 Student Assistant at the Institute for Fluid Power Drives and 
Controls (IFAS), RWTH Aachen University 
 
1999 – 2001 Student Assistant at the Research Institute for Operations 
Management, RWTH Aachen University 
 
1996 – 1998 Assistant in engineering company Pirlet & Partner GmbH in 
Cologne, Germany 
 
 
